Irreversibility analysis of a downsized gasoline engine by Han-Lin Li (7120442)
Irreversibility Analysis of A Downsized
Gasoline Engine
by
Han Lin Li
A master thesis submitted in partial fulfilment of the requirements for
the award of the degree of Master of Philosophy (MPhil), at
Loughborough University
Dec 2016
Low Carbon Technology Group,
Department of Aeronautical and Automotive Engineering at Loughborough University.,
Loughborough University, Loughborough
Leicestershire, UK, LE11 3TU.
c© by Han Lin Li, 2016
CERTIFICATE OF ORIGINALITY
This is to certify that I am responsible for the work submitted in this thesis,
that the original work is my own except as specified in acknowledgements
or in footnotes, and that neither the thesis nor the original work contained
therein has been submitted to this or any other institution for a degree.
................................ (Signed)
................................ (candidate)
I dedicate this thesis to my loving parents and girlfriend.
Abstract
The concept of a multi-mode engine is introduced to modern engine
designs in order to obtain improved engine performance by having the com-
bined advantages of different engine technologies. Since last decade, “Engine
Downsizing” was becoming the most well-known technology that was applied
to commercial vehicles. It achieves the desired performance with a smaller
displacement engine whilst providing improved fuel economy and reduced
emissions. In order to further improve the performance of a downsized en-
gine, additional engine technologies, such as direct injection and the Miller
cycle are also applied.
However, current studies of a downsized engine with Miller cycle oper-
ation focus more on the reduction of emissions. The studies of the perfor-
mance improvement of an engine in terms of its potential utilization is still
limited. In addition, a combination of two different technologies (e.g. Miller
cycle with engine downsizing) requires a careful pro vs. cons analysis in order
to find out a proper trade-off. This analysis is challenging and complicated
when more technologies are involved.
In order to deal with the energy shortage and low emissions targets, the
overall efficiency of a modern engine need to be improved further and this
requires a detailed understanding of the engine performance potentials and
an innovative engine operation strategy to utilize these potentials. The aim
of this project is to determine the improvement potential of a downsized
engine by using the entropy generation method. An optimized engine per-
formance strategy is proposed based on the minimum amount of generated
entropy
ii
This thesis presents the new methodologies to assess the improvement po-
tential of a downsized engine using entropy generation minimisation. It anal-
yses the engine performance in terms of the wasted work potential. Firstly,
the entropy generation of various engine cycle is investigated. This is fol-
lowed by a complete entropy generation model of a turbocharged, downsized
engine.
The results show that the irreversibility is proportional to the amount of
generated entropy, and thus entropy generation is able to address the system
performance directly. In terms of an internal combustion engine, the main
causes of entropy generation are due to heat transfer from the gas to the
coolant, combustion, exhaust flow, and friction.
Results show that the boost pressure ratio will reach a limit where further
increase beyond this limitation will lead to an increase in entropy generation,
and thus worsen the engine performance, eventually. Further analysis shows
that this increase in entropy generation is caused by the heat transfer from
the gas to the coolant.
Finally, relevant analyses show that entropy generation due to combus-
tion and exhaust flow are reduced with further downsizing, although those
two factors still contribute to a large percentage of the overall entropy gen-
eration. As a result, the causes of the wasted fuel energy potential are in
the following order, from strong to weak: combustion, heat transfer from
the gas to the coolant, exhaust flow, and friction.
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Chapter 1
INTRODUCTION
1.1 Overview and Background
Energy issues are important elements in our world since the industrial rev-
olution. The human civilisation has relied on fossil fuels, especially crude
oil, as the primary energy source since 19th centuries when it was first dis-
covered. During the oil crisis in the 70s, the public has been aware of the
finite world energy resources of fossil fuel and the environmental issues.
Previous studies have shown that the causes of the climate changes are
mainly due to carbon dioxide (CO2) and other emission gases that are
generated by the burning of fossil fuels. These emission gases are known
as Green House Gases (GHG). Exhaust emissions of vehicles have been
accounted for a major contributor to global air pollution and eventually
global warming. U.S Energy Information Administration (EIA) records
predicted that the transportation sector will be accounted for 63% of the
total growth in world oil consumption between 2010 and 2040 [1].
In the past few decades, one of driving forces for the development of inno-
vative internal combustion engines was the more and more restricting emis-
sion standards. For example, European countries have established many
regulations to limited emissions for vehicles since 1992 (i.e. Euro 1) which
has been continually updated (Euro 6). Many emission-reduction technolo-
gies have been already used in modern vehicles including new powertrain
technologies, such as electric power or hybrid power.
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However, almost all road vehicles are still driven by internal combustion
engines and only a small percentage of them are powered solely be electric
power. In the past years, car manufacturers have turned back to ICE again
and searched for more practical and cost-effective solutions to achieve better
fuel economy and fewer emissions.
1.2 Research Motivation
The concept of a multi-mode engine is introduced to modern engine designs
to obtain improved engine performance by having the combined advantages
of different operation modes. Any internal combustion engine which is
capable of operating in, or transiting between different operating modes
can be considered as a multi-mode engine.
Typical multiple combustion mode engines are based on the switching be-
tween Spark Ignition (SI) mode and Homogeneous Charge Compression
Ignition (HCCI) mode[2–6]. Operating the combustion in HCCI mode has
the potential for providing efficiency comparable to that of diesel engines
since there is no throttling. However, the operational range for the engine
in HCCI mode is not the same as for the engine in SI mode, due to a
highly diluted air-fuel mixture with residuals. Hence, multiple combustion
mode engines would operate in a normal spark-ignited mode at start-up
and high load, with HCCI applied to part load and idle. The switch-over
between SI mode and HCCI mode is controlled by an electronic control
unit. In order to achieve better NOx emission and low soot, Premixed
Charge Compression Ignition (PCCI) can be applied instead of HCCI [7].
In addition, the term of multi-mode engine can also be referred to those en-
gines that are capable of operating in multiple fuelling modes which means
the engines are powered by different fuels or combinations of fuels depend-
ing on the prevailing engine speed, load conditions and so on. A typical
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example of this type of engine is modern “Dual Fuel” engine, which oper-
ates in at least two modes, namely, diesel mode and pilot ignited gaseous
fuel mode. The engine is solely fuelled by liquid fuel, typically diesel fuel,
in diesel mode. In the pilot ignited gaseous fuel mode, the engine is fuelled
primarily by a gaseous fuel, usually natural gas, which is ignited by a rel-
atively small quantity of liquid fuel, such as diesel fuel or engine lube oil
[8].
In a Diesel-CNG (Compressed Natural Gas) engine, up to 70%−80% of
diesel fuel energy input can be replaced with natural gas while maintaining
the engine output level similar to those obtained using diesel fuel solely
[9, 10]. Serrano [11] also states that diesel-methane stoichiometry combus-
tion without EGR (Exhaust Gas Recirculation) reduced fuel consumption
significantly at high engine load due to fast combustion and lower heat
losses. In addition, Dong et al. and Ashok et al. [12, 13] state that Diesel-
LPG (Liquefied Petroleum Gases) engine is an alternative dual fuel engine
to improve fuel consumption and reduce soot emission significantly. The
ideal of multi-mode engine concept can also be further extended on various
engine improvement technologies.
Since last decade, “Engine Downsizing” has become the most popular tech-
nology applied to commercial vehicles. It achieves the desired performance
with a smaller displacement engine while providing improved fuel economy
and reduced emissions [14]. This is achieved by having the engine tur-
bocharged and/or supercharged. Both approaches force more air flow into
the engine during the induction stroke, and hence, allow more fuel to be
burnt and lead to an improved power. The higher specific power output
of a downsized engine can be achieved by increasing the boost level. How-
ever, the increase in boost level leads to a significant increase in the intake
temperature and pressure and is likely to trigger an autoignition and thus
the propensity for engine knock.
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The increase in boost pressure, therefore, usually be coupled with com-
promises aiming to keep the pressure within an acceptable range, such as
the reduction of the engine compression ratio and ignition timing. These
compromises lead to significant penalties as far as fuel specific consumption
and emissions are concerned. On the other hand, if the downsized engine
can switch its operation into a Miller cycle with early intake valve closure,
the pressure at the beginning of compression is lower, and hence, the peak
pressure and temperature are reduced. As a result, the peak pressure is
controlled within the acceptable to avoid engine knock. One of the disad-
vantages for Miller cycle is that the mass of trapped air is reduced inside the
cylinder, but this can be overcome by using a higher compressor pressure
ratio [15].
Current studies of a downsized engine with Miller cycle operation focus
more on the reduction of emissions [16–19], the studies of the performance
improvement of an engine regarding its potential utilisation is still limited.
In addition, a combination of two different technologies (e.g. Miller cycle
with engine downsizing) requires a careful pro vs. cons analysis in order to
find out a proper trade-off. This analysis is challenging and complicated
when more technologies are involved.
1.3 Aim and Objective
In order to deal with the energy shortage and low emission targets, the
overall efficiency of a modern engine need to be improved further, and this
requires a in-depth understanding of the engine performance potentials and
an innovative engine operation strategy to utilise these potentials.
The aim of this project is to determine the improvement potential of a
downsized engine by analysing its entropy generation. An optimised en-
gine performance strategy is investigated based on the minimum amount
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of generated entropy. The objectives are:
1. Study the entropy generation minimisation method, and assess the
entropy generations in various thermodynamic engine cycles.
2. Develop an entropy generation model for a naturally aspirated SI
engine. Analyse the performance of a SI engine using the developed
engine model regarding the amount of entropy generation.
3. Quantify the amount of entropy generation in a downsized engine
based on the developed models and determine the limits of downsiz-
ing
1.4 Research Contributions
Firstly, the second law analysis of a gasoline engine is extended one step
further to quantify amount of wasted fuel energy during an engine opera-
tion using entropy generation. Based on the literature studies, the major
contributions of engine irreversibility is summarised into four mechanisms,
and an individual entropy generation model is implemented for each of
them in order to quantify them. Also, the results from the simulations are
presented in terms of crank angle and analysed at various engine speed.
The results indicates that low heat reject technology would increase effi-
ciency at low engine speed in a naturally aspirated engine. An advanced
combustion technology has the potential to improve the engine performance
throughout the entire speed range.
Secondly, the entropy generation analysis of a downsized engine is able to
determine the optimal boost pressure for this engine. This optimal point
is also considered as the limit of downsizing. The causes of this limit
is also provided from the entropy generation analysis. In addition, this
project shows that the engine performance is suffering more at low engine
speed under extreme downsizing condition. This is because that there is
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a significant amount of entropy generated due to heat transfer between
the inside and outside of the cylinder while the engine is boosting to a
higher level at low speed. Therefore, an extremely downsized engine need
to be accomplished by Lower Heat Reject (LHR) technologies or advanced
cooling system. In addition, the simulations indicate that pressure factors
have more affect on the reduction of entropy generation due to combustion
process.
In addition, there are competing effects in the entropy generation that lead
to optima. Further downsizing the engine leads to a reduction in combus-
tion entropy generation, and thus improves the combustion performance
potentially. However, the entropy generation due to cylinder heat transfer
is increasing significantly while the engine is further downsized. Therefore,
the developed model is able to act as an analysis tool in order to study the
trade-off between them. As a result, the pathway for a new engine design
concept becomes possible.
Finally, the developed methodology is not only limited to the gasoline anal-
ysed. It can also be applied to engines with various sizes. As mentioned in
section 5.4, the simulation results suggest that a larger cylinder size leads
to a reduction in the specific entropy generation under extreme downsizing
conditions. Also, this entire methodology is able to analyse the performance
of a diesel engine once it has been modified accordingly.
1.5 Outline of Thesis
Chapter 1 provides an overview of the project. The concept of the multi-
mode engine is introduced. The motivation of this research is addressed,
and finally, the aim and objectives of the thesis are listed.
Chapter 2 starts with an introduction to irreversibility. It describes the re-
lationship between exergy, entropy, entropy generation and irreversibility.
Section 1.5. Outline of Thesis 7
This chapter also shows the state of art of current engine performance im-
provement technologies. The advantages and limitations of each technology
are reviewed.
Chapter 3 presents the entropy generation in various engine cycles and the
usefulness of entropy generation. Three typical ideal engine gas cycles are
studied: the ideal Otto cycle, the ideal Diesel cycle and the ideal Dual
cycle.
Chapter 4 describes the methodology used. It presents the development of
engine models using Ricardo WAVE and implementation of entropy gener-
ation model for a SI engine using Matlab. The models are also validated
against literature. The simulation results are then presented and discussed.
Chapter 5 presents the simulation results from the downsized engine. The
relation between the entropy generation and engine performance is de-
scribed. Also, the insight of lost work potential of a downsized engine
are addressed directly, and results are presented in this chapter. The ef-
fects of intake manifold pressure are included. Also, the competing effects
in the generation of entropy that lead to optima are analysed.
Chapter 6 summarises all conclusions and possible future work are pre-
sented.
Chapter 2
LITERATURE REVIEW
2.1 Fundamentals of Internal Combustion Engines
An Internal combustion engine is a chemical converter device which con-
verts the fuel chemical energy into mechanical work. The aim of most
engines is to achieve a high work output with a high efficiency. There are
two types of internal combustion engines:
• Spark-Ignition (SI) engines: the fuel is ignited by a spark which is
generated by a spark plug. This type of engines is generally referred
as petrol or gasoline engine, and its operation cycle is known as the
Otto cycle.
• Compression-Ignition (CI) engines: during the compression stroke,
the temperature and pressure are increased beyond the self-ignition
point and cause spontaneous ignition of the fuel. This type of engines
is generally referred as diesel engine, and its operation cycle is known
as the diesel cycle.
The details of various engine operation cycles will be discussed in the fol-
lowing Chapter.
2.1.1 Energy analysis of the internal combustion engines
In an engine, typically only 1/3 of the fuel energy is converted to useful
work. 1/3 of it goes to exhaust enthalpy and 1/3 goes to coolant enthalpy.
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In reality, a certain amount of fuel energy is also wasted as friction losses
which arise from piston rings, shaft bearings and valve motions. Auxiliary
devices also consume a proportion of the fuel energy, such as fans, water
pumps, oil pump and so on. Last but not least, small amount of entered
fuel is not burned and it can be considered as exhaust enthalpy loss due to
incomplete combustion. Therefore, the overall first law energy balance for
an engine at steady-state operation can be defined by Eq.2.1.1
m˙f ·QLHV = Powerb + Q˙cool + Q˙misc + H˙e,ic + H˙e (2.1.1)
where, QLHV is the Lower Heating Value of the fuel, Powerb is the brake
power,m˙f is the mass flow rate of the fuel. Q˙cool is the rate of heat transfer
to the coolant, Q˙misc is the heat rejected to the oil (if separately cooled)
plus the convection and radiation from the engine’s external surface to en-
vironment, H˙e,ic is the exhaust enthalpy loss due to incomplete combustion,
and H˙e is the exhaust enthalpy loss.
This fuel energy content is commonly derived from the heating value of the
fuel, which is the amount of heat that can be released during the combustion
process. The combustion of hydrogen-rich fuel releases water in addition
to the heat releases, and this subsequently evaporates in the combustion
chamber. However, the engine exhaust temperature is higher than the
temperature required to condense the water vapour, and hence the water
vapour is carried out of the engine with its stored energy. Thus, this amount
of energy is lost and does not contribute to work done by the combustion
process. Under this consideration, the Lower Heating Value (LHV) is used
to determine the fuel energy content.
The fuel energy carried by the exhaust gas is often committed to the end
of the exhaust pipe, and is evaluated by using the sensible enthalpy of the
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exhaust gas mixtures, as Eq.2.1.2 indicates,
he = h (T )− h (298) =
∫ T
298
cpdT (2.1.2)
The sensible enthalpy is the difference between the enthalpy at a given
temperature, T, and the enthalpy at the reference state (298K). Thus, the
amount of this enthalpy difference can also be considered as the amount
of fuel energy that is carried away by the hot exhaust gas, which is then
rejected into the atmosphere without doing any useful work.
Table 2.1 shows the typical energy distribution range of SI engines and
CI engines. However, modern SI engines have improved efficiency and
generally account for up to 35% of the overall fuel energy.
Powerb Q˙cool Q˙misc H˙e,ic H˙e
SI Engine 25%-28% 17%-26% 3%-10% 2%-5% 34%-45%
CI Engine 34%-38% 16%-35% 2%-6% 1%-2% 22%-35%
Table 2.1. Energy balance for IC engines at maximum power [20]
Since the internal combustion engine is an energy converter device that is
designed to converting the input fuel energy to work output, the engine
thermal efficiency can be expressed, in terms of LHV, as
ηth =
Power
m˙f · LHV f (2.1.3)
The thermal efficiency of an engine measures the work done by the gas
during the engine operation cycle, and hence, it is also referred as the indi-
cated efficiency. In reality, the engine lost some of the work by the friction
of the moving parts and therefore, the work delivered to the crankshaft is
reduced.
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2.1.2 Volumertic efficiency of the engines
In addition, volumetric efficiency, ηv, is also important to the engine per-
formance. It is the ratio of the mass of air and fuel that is trapped by
cylinder during intake stroke divided by the mass that would occupy the
displaced volume at the density of the air (ρa,i) in the intake manifold, as
expressed by Eq.2.1.4 :
ηv =
ma
ρa,i · Vs (2.1.4)
where Vs is the engine swept volume.
It is desirable to maximise the volumetric efficiency of an engine since the
amount of fuel that can be burned for a given airmass is limited. The
volumetric efficiency curve is very similar in shape to the engine torque
versus engine speed curve. The peak values for naturally aspirated 4-stroke
SI engine occurs at 3000 to 4000 rpm, and range from 80% for basic engine
design up to 120% for a high performance engine. These values are affected
by the valve size, valve lifts, valve timings and intake manifold design.
The volumetric efficiency does not influence the thermal efficiency of the
engine and it is dependent on the engine speed, as expressed by Eq.2.1.5
[21]:
ηv =
2 (m˙a + m˙f )
ρa,iVsRs
(2.1.5)
where Rs is the engine speed in term of rpm.
Although volumetric efficiency does not influence the engine thermal effi-
ciency, it will influence the overall effectiveness of the vehicle powertrain.
Thus if a lighter engine which is capable of delivering the same power but
thermal efficiency is comparable to the heavier one, the fuel economy is
then improved.
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2.1.3 Mean effective pressure of the engines
Another important parameter that reflects the engines performance is known
as Mean Effective Pressure, MEP. It is the work done per unit displacement
volume of the engine and thus it scales out the effect of engine size. For a
4-stroke engine, it can be expressed as:
MEP =
W
Vs
=
2Powerb/i
VsRs
(2.1.6)
where, Pb/i is either the brake power or indicated power.
The brake power is output at the crankshaft; the indicated power is the
work done by the gas. The difference between the Brake Mean Effective
Pressure, BMEP, and the Indicated Mean Effective Pressure, IMEP, is the
Friction Mean Effective Pressure, FMEP, as shown in Eq.2.1.7:
FMEP = IMEP −BMEP (2.1.7)
FMEP represents the power loss due to friction that is dissipated as heat,
and the work required to pump the fluids in and out of the engine (pumping
loss), and the power needed to operate the auxiliary systems.
In this section, the analysis is based on the First Law. It introduces a
term “Energy”, which is the power derived from the utilisation of physical
or chemical resource. This analysis leads to the energy efficiency, a value
that allows assessing the amount of useful energy produced by the engine
compares to its fuel consumption. The First Law of Thermodynamic deals
with quantity of energy. It states that energy cannot be created or de-
stroyed, only converted from one form to another. However, it is not able
to demonstrate the quality of the fuel energy. Also, it can not assess the
lost fuel energy regarding how much of them can be re-utilised.
The thermal efficiency of an engine measures the work done by the gas
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during the engine operation cycle, and hence, it is also referred as the indi-
cated efficiency. In reality, the engine lost some of the work by the friction
of the moving parts and therefore, the work delivered to the crankshaft is
reduced.
2.2 Second Law Analysis of Internal Combustion Engines
2.2.1 Introduction to the Second Law of Thermodynamics
The second law of thermodynamic provides the necessary means to deter-
mine the quality and the degree of energy degradation during a process.
It defines the theoretical limits for the engineering systems as well as state
that the processes proceed in a particular direction and not in the reverse
direction. It indicates that every heat engine must reject a certain amount
of energy into a low-temperature reservoir to complete the cycle, even un-
der idealised conditions. Thus no heat engine can have a thermal efficiency
of 100%. Eq.2.2.1 shows the thermal efficiency of the heat engines:
ηth = 1− QL
QH
(2.2.1)
According to the Kelvin-Planck statement of the second law of thermody-
namics, QL cannot be zero. Kelvin-Plank statement describes the second
law of thermodynamics on a heat engine and state that it is not possi-
ble for any device that operates on a cycle to receive heat and produce
a new amount of work from a single reservoir [22]. This means that a
high-temperature source and a low-temperature sink are required in a heat
engine.
Section 2.2. Second Law Analysis of Internal Combustion Engines 14
Carnot heat engine
The maximum efficiency of heat occurs under idealised processes. The
idealised process is referred as reversible processes. By textbook definition,
a reversible process is a process that can be reversed without leaving any
trace on the surroundings [22]. In reality, any processes that have zero
heat transfer and work transfer between the system and the surrounding are
reversible processes. The maximum efficiency of a heat engine is determined
by Carnot efficiency, as Eq. 2.2.2 expressed,
ηth,rev,= 1− TL
TH
(2.2.2)
where TL and TH are the low temperature sink and high temperature
source, respectively.
The Carnot cycle is a reversible cycle, and the theoretical heat engine that
operates on the Carnot cycle is the Carnot heat engine. This reversible cycle
provides upper limits on the performance of a real cycle and is a limitation
of both ideal and the real heat engine. Internal combustion engines are
in the category of heat engine, although they operate on mechanical cycle
instead of thermodynamic cycle. Thus the maximum possible work (exergy)
of engines can be quantified by Carnot efficiency as Eq. 2.2.3
W˙max = W˙rev = ηth,rev · Q˙LHV (2.2.3)
where QLHV is the lower heating value of the used fuel.
Exergy and exergy destruction
In addition, the differences between the actual work of an engine and its
maximum possible work is the wasted work potential, and can be referred to
as “destroyed exergy” or “Irreversibility”. The destroyed exergy occurs due
to the presence of irreversibilities during the process. Thus, the destroyed
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exergy can also be referred as “irreversibility” and expressed as,
Irr = Wdestroyed = Wrev −Wu (2.2.4)
where Irr stands for irreversibility and Wu represents the actual work of
the engine. Notice that irreversibilities are various mechanisms that causes
of a process to be irreversible, whereas Irreversibility is the magnitude of
the amount of the irreversibilities occurrence, in terms of Joule.
According to Gouy-Stodola theorem, the irreversibility is proportional to
the amount of entropy generation of the system [23], as also be expressed
in forms of Eq.2.2.5.
Irr = Wrev −Wu = T0 · Sgen (2.2.5)
where Sgen is the amount of entropy generation.
2.2.2 Irreversibilities in thermodynamic cycle
There are two types of process: reversible process and irreversible process.
The factors that cause a process to be irreversible are known as irreversibil-
ities, such as, friction, heat transfer across a finite temperature difference,
unrestrained expansion, mixing, chemical reaction, electric resistance and
inelastic deformation of solid, etc..
The effect of irreversibilities in a thermodynamic cycle can be assessed by
a factor, called “irreversibility factor, Φ”[24]: this factor is equal to one
when the cycle is internally reversible and less than one when the cycle
has irreversibilities occurrence. This irreversibility factor can be taken into
account for the consideration of maximum efficiency of a heat engine, and
expressed by Eq.2.2.6:
ηth,irr,= 1− TL
ΦTH
(2.2.6)
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where ηth,irr is the cycle efficiency of a heat engine with irreversibilities.
According to Eq.2.2.6, the overall cycle efficiency decreases with the in-
crease of internal irreversibility (i.e. a decrease in value of Φ). Previous
studies also show that the reduction in the irreversibility factor, Φ, lead to a
reduction in both power output and the maximum cycle efficiency [25–27].
Fig.2.1 illustrates the influence of the variation in irreversibility factor on
the power output and cycle efficiency.
Figure 2.1. The effect of internal irreversibility on the power output
and cycle efficiency[24]
The irreversibility factor can be quantified by the ratio of the entropy
change during heat addition and the entropy change during heat rejec-
tion [28, 29]. Entropy (S) is a property that is defined by the second law
and will be discussed in detail in the following section. With the respect
of a thermodynamic cycle as Fig.2.2 shows, the irreversibility factor can be
expressed as:
Φ =
S3 − S2
S4 − S1 (2.2.7)
It indicates that the cycle will be an internally reversible cycle when the
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change of entropy during heat addition is equal to the change in entropy
during heat reject.
Figure 2.2. A schematic T-S diagram of a thermodynamic cycle
2.2.3 Exergy analysis of the internal combustion engines
Furthermore, the Second Law of Thermodynamic is dealing with the qual-
ity of energy is concerned with the degradation of energy during a process
and thereby allows the quantification of lost opportunities to do work. It
also helps to clarify the direction of energy flow. The Second Law anal-
ysis introduced a new property which is called “exergy”, it is also known
as “availability” in North America. This property states the maximum
amount of possible energy which can be extracted from a source when it
is brought to equilibrium with its environment. The remaining amount of
the energy from the energy source then becomes unavailable energy.
The exergy analysis of the internal combustion engine has been studied by
many investigators, because it is a useful approach to evaluate the energy
utilisation efficiency [30–37]. The exergy analysis is similar to energy anal-
ysis, but it takes the destroyed work potential into account. Hence, the
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exergy balance for a system undergoing a process can be expressed as:
Exsys = (Exin − Exout)− Exdestroyed (2.2.8)
where the first term on the right-hand side of the equation represents the
net exergy transfer by heat, work and mass.
The exergy transfer accompanied by heat transfer can be expressed as
Eq.2.2.9:
Exheat =
(
1− T0
T
)
Q˙ (2.2.9)
Kinetic and potential energy are a form of mechanical energy, and they
can be entirely converted to work. As a result, the exergy associated with
kinetic and potential energy is equal to the kinetic and potential energy
themselves and the environmental temperature and pressure has no in-
fluence on them. For boundary work, it is the actual work minus the
surrounding work:
Exwork =

W
W −Wsurr
(2.2.10)
The exergy transfer by mass can be determined by the mass flow rate m˙
and the specific exergy of the flow ϕ, as Eq.2.2.11 indicates:
Exmass =
∑
in
m˙ϕ−
∑
out
m˙ϕ (2.2.11)
Consider the heat transfer to the system and the work transfer to be from
the system as positive direction, the general equation can be derived by
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substituting Eq.2.2.9,2.2.10 and 2.2.11 into Eq.2.2.8 and expressed as:
∆Exsys =
∑
j
(
1− T0
Tj
)
Qj − [W − P0 (Vf − Vi)] +
(∑
in
mϕ−
∑
out
mϕ
)
−Exdestroyed
(2.2.12)
For a reversible process, the exergy destruction Exdestroyed is eliminated.
Thus the maximum work potential of an internal combustion engine can
be determined by rearranging Eq.2.2.12 with respect to the crank angle θ
in a rate form as:(
dEx
dθ
)
eng,max
=
(
1− T0
Tj
)
dQj
dθ
−
[
dW
dθ
− P0dV
dθ
]
+(
mf
m
dx
dθ
exfch −
(
1− T0
Texh
)
dQexh
dθ
) (2.2.13)
where on the right hand side of Eq.2.2.13:
• First term is the exergy transfer to the coolant due to the heat flow
• Second term is the exergy transfer with work
• Third term is the fuel-chemical exergy released during the combustion
process and is determined by the mass fraction burned
• Fourth term is the exergy transfer to the environment in the form of
exhaust gas
While considering the exergy associate with chemicals and chemical reac-
tion, there are often two meanings. One is the chemical potential which
is a result of the compositional imbalance between a substance and its en-
vironment. Another one is the fuel-chemical exergy, chemical species (e.g.
fuel) that are not present in the reference environment could be allowed to
enter into chemical reactions with species from the reference environment
to produce environmental species.
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With respect to engine operation, the chemical exergy is often neglected
due to the relatively small amounts of work produced and practical diffi-
culties of implementing such potential energy [38]. Instead, fuel-chemical
exergy Exfch is often considered during air/fuel engine cycle operation. For
hydrocarbon fuels of the type CzHy, Ref [39] shows that the fuel chemical
exergy can be derived for the Low Heating Value (LHV) of the fuel, as
equation Eq.2.2.14:
exfch = LHV
(
1.04224 + 0.011925
y
z
− 0.042
z
)
(2.2.14)
In [32], the authors have derived an approximations for the fuel chemical
availability of liquid fuels of the general type CzHyOpSq in internal com-
bustion engine, as Eq.2.2.15 indicates:
exfch = LHV
(
1.0401 + 0.01728
y
z
+ 0.0432
p
z
+ 0.2196
q
z
(
1− 2.0628y
z
))
(2.2.15)
where p and q are the number of oxygen and sulfur respectively.
During stoichiometric or lean burn condition, the fuel-chemical exergy is
considered to be completely consumed. On the other hand, the fuel-
chemical exegy is not entirely consumed in a rich condition. A certain
amount of fuel-chemical exergy is carried away by CO and H2 which are
included in the equilibrium combustion products.
However, most of the exergy studies were applied to a diesel engine. Little
attention has been paid to the exergy analysis of gasoline engine so far [40].
Last but not least, the conventional exergy analysis of engine performance is
taking into account the destroyed work potential due to various irreversible
losses, but the analysis provides limited information on optimisation and
reduction of the irreversibility.
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2.3 Entropy Generation Minimization on Internal Combustion
Engines
2.3.1 Introduction to entropy generation minimisation
Since the 1980s, Entropy Generation Minimisation (EGM) has become an
established method in the aspect of thermal science and engineering. The
EGM method involved the simultaneous application of heat transfer and
engineering thermodynamics principle in the development of realistic mod-
els for heat transfer processes and devices. The developed realistic models
have to take into account the inherent thermodynamic irreversibility of the
heat, mass and fluid flow processes. Therefore, EGM is also referred as
thermodynamic optimisation, finite−time or endoreversible thermodynam-
ics.
This principle is developed by A. Bejan and widely applied to a wide range
of applications, such as power plants, thermal storage system and heat
exchanger applications [41–44]. This principle mainly focuses on the iden-
tification of the design variables that lead to a minimum amount of entropy
generation and allows the alterations of the working parameters, and thus
enable its reduction for design modifications. For example, one of the typi-
cal applications is the aircraft environmental control system (ECS). In this
type of applications, EGM method is used on the heat exchanger and the
concluded that the optimised property is the weight [45]. By reducing the
size of the heat exchanger, the volume and the weight of the heat exchanger
are reduced. Hence, the overall weight of the aircraft is reduced so that
less power required and this lead to a better fuel economy.
The critical distinguish between EGM principle, and exergy analysis is the
minimisation of the calculated entropy generation, which can be used for
optimisation of systems and processes and lead to power maximisation. It
combines basic thermodynamic principles, fluid mechanics and heat trans-
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fer together, and the optimisation is subjected to finite-size and finite-time
constraints.
In the case of internal combustion engine, if the overall entropy genera-
tion of an engine is decreased, then the destroyed work potential due to
irreversibilities is reduced as a result. The amount of work output of the
engine, therefore, is increased, and thus the engine supposed to perform in
a better manner.
2.3.2 Entropy and entropy generation
The property “entropy” was introduced by Clausius in 1865. It is a mea-
sure of disorder for a system. Lower entropy means that the energy quality
is higher, as the molecules are highly ordered. The third law of thermody-
namics states that the entropy can be zero in a pure crystalline substance
at absolute zero temperature [22]. The term “entropy” here is the abso-
lute entropy, which is calculated for pure substance as the standard molar
entropy from absolute zero.
However, engineers tend to be concerned with the changes in entropy in-
stead of entropy itself, just as the way the change in energy is of concern
instead of energy when the first law relation was developed. Therefore,
entropy can be calculated as a difference in entropy from an assigned ref-
erence state, which is defined as zero entropy. The value for the triple
point of water is commonly accepted as the reference temperature, which
is 273.16K. In analytical terms, entropy is defined as,
dS =
(
δQ
T
)
int,rev
(2.3.1)
The entropy change of a system during a process can then be determined
by the integration of Eq.2.3.1 between the initial and the final states, as
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following:
∆S = Sf − Si =
∫ f
i
(
δQ
T
)
int,rev
(2.3.2)
where f refers to the final state and i refers to the initial state.
The entropy generation, Sgen, is the difference between the entropy change
of a system and the entropy transfer by heat and mass. It can be determined
by the following equations:
Sgen = ∆Ssystem − (Sin − Sout) (2.3.3)
or, in the rate form, as
S˙gen =
dSsystem
dt
−
(
S˙in − S˙out
)
(2.3.4)
where the term on the left-hand side of Eq.2.3.3 and Eq.2.3.4 represents the
entropy generation; and the first term on the right-hand side represents the
change in entropy; and the second term represents the net entropy transfer
by heat and mass.
2.3.3 Entropy generation in internal combustion engines
Entropy generation minimisation method is well used in many applications
in order to improve thermodynamic performance. However, those applica-
tions tend to cope with a large amount of power, such as power plant or
thermal storage system, compare with internal combustion engine. Regard-
ing internal combustion engines, most of the existing literature assesses the
engine irreversibility from the exergy balance equation and thus inexactly.
However, there is still little literature that address the entropy generation
of the internal combustion engines.
Ref.[46] developed an analytical solution of the entropy balance equations
for a combustible gas mixture chamber, and the generated entropy is pre-
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sented as functions of pressure and volume of the combustion chamber and
the gas properties. Ref.[47] developed a model of entropy generation for a
turbocharged diesel engine, and it is shown that the second law analysis
of the engine can be improved by taking into account the system inter-
nal irreversibilities directly. Ref.[48] analysed the entropy generation in a
spark-ignition engine and concluded that exhaust and combustion process
account for up to 60% of the total entropy generation of the studied cycles
(i.e. Otto and Miller).
Finally, both exergy and entropy analysis proves that the entropy genera-
tion can be assessed individually according to the generation mechanisms.
And, there is a lack of overall understanding on the entropy generation of
a downsized gasoline engine.
2.4 Engine Downsizing
2.4.1 Introduction to engine downsizing
The legislations in the automotive industry are becoming more and more
restrictive; this forces the automotive manufacturers to develop more ef-
ficient engine with fewer emissions. Engine downsizing is a well-known
engine design philosophy since the late 20th century. The philosophy pro-
posed the use of a smaller engine in vehicles that provide the power of a
larger conventional naturally aspirated engine, by adding boosting devices
such as turbocharger or supercharger. For example, Ford released a three-
cylinder 1-litre engine in 2012, to replace the 1.6-litre engine in the Ford
Focus, which produced the same 123 bhp [49].
Most commercial automotive applications are now downsizing their engines
down to 1.3. to 1.4 litres in order to meet the current emission standard,
as well as to save fuel. The fuel consumption reduction is achieved through
the reduction of friction, heat transfer across the cylinder walls and pump-
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ing losses. The downsized engine reduces its emissions due to an increased
power density for the engine, and thus less fuel is burned to meet the desired
power and torque, therefore, less CO2 emissions. However, current down-
sizing SI engine researches mainly focus on the improvement of the engine
efficiency at partial operation, every measure, worsening thermodynamic
performance is considered as a contradiction [50].
2.4.2 Direct injection spark-ignition engine
With respect to a gasoline engine, engine downsizing appears to be a
promising way to improve engine efficiency and is subject to extensive re-
search. Fig.2.3 indicates the current production gasoline engine is down-
sized by approximately 30% to 40% with the typical peak BMEP of 25
bars over the engine speed range. Recently, a tendency is consolidating to
produce an engine with extreme downsizing in order to meet the restrictive
emission standards and improve the engine efficiency. In 2014, Jaguar Land
Rover (JLR) demonstrated that the engine capacity can be reduced up to
60% and still be able to achieve the torque curve of a JLR NA 5.0 litre V8
engine which produced BMEP of 25 bar at 1000 RPM [51].
Figure 2.3. A trend of gasoline engine downsizing [52]
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The down-size ratio is calculated by the downsize capacity (i.e. the amount
of reduced capacity) divides the original capacity of an engine. For example,
if a 1.6L engine is downsized into 1.0L engine, then the downsize ratio of
this engine is 37.5%. This is because the downsize capacity is 1.6L -1.0L =
0.6L, and 0.6L/1.6L =0.375.
Further engine downsizing requires a further increase in boost level. Today,
the gasoline engine boost level are limited to approximately 3 bar while
the dynamic range efficiency and torque are still maintained [52]. One of
the limitations to prevent further engine sizing is the occurrence of engine
knock. Engine knock is when the air-fuel mixture in the cylinder does not
ignite correctly by the spark plug, instead, due to a higher temperature
which beyond the auto-ignition temperature of the fuel during compression.
The early stage solutions to prevent engine knocks, such as fuel enrichment
or lower compression ratio, lead to an increase in fuel consumption.
Recently, the production gasoline engines accompany with the direct injec-
tion technology in order to prevent the knock by what is known as “cooling
effect”. In gasoline direction injection (GDI), the fuel is injected at a higher
pressure and causes the fuel droplets to evaporate. This fuel vaporisation
absorbs the thermal energy from the induced air which means that the
temperature at the end of compression is lower, and therefore a higher
compression can be used without the onset of engine knock.
Furthermore, the air induction is independent of fuel induction in GDI
engine. Therefore, better scavenging is possible, and thus, a reduced irre-
versibility. During the scavenging process, the irreversibility is considered
as the lost possibility for expansion work. If the exhaust valves are opened
early than the desired time, then the pressure inside cylinder generating
from combustion is escaping into exhaust system instead of doing work.
However, it is also necessary for the in-cylinder pressure to reduce to lowest
possible before piston raise, in order to minimises the blow down pumping
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work. The overlap between the intake and exhaust is also important. This
is because the intake fresh air can help to blow the remaining combust gas
into the exhaust system, and improve the performance of combustion for
the next engine cycle. An optimised valve opening duration also improves
the volumetric efficiency at low engine speed, and thus, decreases the intake
air pressure required to achieve the desired BMEP.
2.4.3 Supercharging technique.
The purpose of supercharging is to increase the pressure or density of air
supplied to an engine and thereby the power above that of the naturally
aspirated engine. The increase in power is achieved by a supercharger which
is an air compressor that forces more air induction and burns more fuel,
thus increasing power. Turbocharging is a particular form of supercharging
where the compressor is driven by a turbine driven by exhaust gas and will
be discussed in section 2.3.4.
The term “supercharger” is commonly restricted to mechanically driven
units, that the power for the supercharger is provided mechanically by a
belt, gear or shaft connected to the engine’s crankshaft. Regarding super-
chargers, there are two main categories: positive displacement and dynamic
compressors. Fig.2.4 shows a positive displacement supercharger. This type
of superchargers often sit on top of the engine. In a positive displacement
supercharger, the air enters through the air inlet and is compressed by the
rotors as they spin inside the supercharger. The rotors are driven by a pul-
ley at the front of superchargers that is connect to the engine crankshaft.
Positive displacement superchargers provide a nearly constant level of pres-
sure increase at all engine speeds.
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Figure 2.4. Ford Mustang twin-screw positive displacement super-
charger system [53]
Fig.2.5. indicates the arrangement of a centrifugal supercharger system
used in Ford Mustang. The centrifugal compressor in a typical dynamic
displacement compressor, and is commonly used today in internal com-
bustion engine [52]. In dynamic displacement compressor, the air flow is
accelerated to high velocity and then restricted so that the reduction in
velocity causes pressure to increase. Dynamic compressors do not provide
pressure boost at low speeds. Instead, the pressure is rising with engine
speed above a threshold speed.
Since both types of superchargers require power from the engine crankshaft,
it will lead to a lower efficiency at high-pressure ratio. In a supercharged
gasoline engine, the pressure ratios are below 2 [54].
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Figure 2.5. Ford Mustang centrifugal supercharger system [53]
2.4.4 Turbocharging technique
Turbocharging is a particular form of supercharging, where the compressor
is driven by a turbine that is powered by the exhaust gas from the engine,
as illustrated in Fig.2.6. Unlike the supercharged engine, a turbocharged
engine has a higher low-speed torque and hence a better driveability. How-
ever, with respect to a gasoline engine, at high loads, the spark-advance
must be carefully controlled to avoid the engine knock, and this determines
a substantial penalisation of the fuel consumption [55]. The performance
characteristics of a turbocharged engine depend on some independent vari-
ables, such as inlet and outlet pressures, inlet air temperature, engine speed,
load conditions and so on. The most basic turbocharger system is a single
stage Fixed Geometry Turbocharger (FGT). This was developed purely to
take the advantage of the exhaust energy loss of an internal combustion
engine. Previous studies state that the turbocharging system can improve
the brake specific fuel consumption by 5% to 6% in an IC engine [56].
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Figure 2.6. A schematic digram of a turbocharger system with an
engine [57]
FGTs are designed to recover the exhaust energy effectively in a narrow
range of engine operation conditions. The amount of exhaust energy recov-
ery is reduced dramatically outside of this narrow range due to a constant
aspect ratio of the turbine (A/R). The aspect ratio of the turbine is the
ratio of the area of the exhaust gas passage to the radius of the centre
of the turbine wheel to the centroid of that area. In FGTs, a lower A/R
provides high performance at low speed, but performance will suffer at a
higher speed as the turbine get saturated. Similarly, larger A/R provides
an improved performance at high engine speed, but it also causes a massive
amount of lag at lower speeds.
These downsides of FGTs are overcome by the use of Variable Geometry
Turbines (VGTs). In VGTs, the A/R is adjusted automatically while the
engine is running at various speed. This function is achieved by having
little movable vanes which can direct exhaust flow on the turbine blades,
as Fig.2.7 illustrated.
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Figure 2.7. Variable Geometry Turbine with closed vane position (a)
and open vane position (b) [52]
The angle of the vanes is adjusted throughout the engine speed range to
optimise the turbine performance. The vanes are closed at low engine
speed in order to achieve a high exhaust gas recovery and opened when
the exhaust flow is sufficient. The use of VGTs can increase the power by
about 7.9% within the same boundary conditions [58].
Modern production engines already reach BMEP higher than 23 bar, and
this is going to be pushed further in the near future. This tendency will
cause an increased risk of knock and limited air supply at low engine speed.
Although this challenge can be addressed by having a smaller bore [59], it
is commonly solved by the use of a multi-stage turbocharger. In a sin-
gle engine configuration, more than one turbines and compressors can be
installed, and this is known as “multistage turbocharger”.
In reality, two-stage turbocharging is a well-known form of the multistage
turbocharging technique. Fig.2.8 indicates an overview of two-stage tur-
bocharged gasoline engine. It consists of a large low pressure stage for
realising high specific power and a small high pressure stage for realising
the demanded high dynamic transient response.
By applying two-stage turbocharger to gasoline engines, it enables a higher
boost level of the engine, and thus a higher specific power. Also, it also
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Figure 2.8. Schematic diagram of a two-stage turbocharged engine
[60]
offers a fast transient rise of the charging pressure [61]. The main challenges
of two-stage turbocharger today can be summarised as the utilisation of its
full potential. This goal can be achieved by having an optimised layout of
turbochargers, an efficient combustion process in spite of high boost levels
and realisation of better transient response [62].
2.5 Summary
In this chapter, the energy and exergy analysis of the internal combustion
engines are reviewed. The entropy generation method is also reviewed
for the purpose of gasoline engine analysis, including an introduction to
the property “Entropy” and the term “entropy generation”. Finally, an
understanding of modern engine downsizing is also presented.
Chapter 3
ENTROPY GENERATION
ANALYSIS OF VARIOUS
ENGINE CYCLES
3.1 Thermodynamic Cycles of the Enigne
3.1.1 Otto cycle model
The majority of modern spark-ignition engines operate with a four-stroke
operation cycle, as following:
Intake stroke: the piston moves from top dead centre (TDC) towards the
bottom dead centre (BDC). This movement creates a pressure gradient be-
tween the intake manifold and the engine cylinder, and the air-fuel mixture
is drawing into the cylinder as a result.
Compression stroke: at the end of the intake stroke, the piston moves from
BDC towards TDC and compresses the air-fuel mixture into a smaller vol-
ume, depending on the engine compression ratio. As a result, the temper-
ature and pressure of the mixture are increased.
Combustion stroke: the compressed mixture is now ignited by a spark at
the desired crank angle (CA) before TDC. A flame is created and expand to
proceed the chemical reaction. The peak pressure and the temperature are
reached shortly after TDC, and the expanding burned gas pushes the piston
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towards BDC and forces the crankshaft to rotate. The combustion stroke
is also known as expansion stroke, and it converts the chemical energy into
mechanical work.
Exhaust stroke: at the end of expansion, the exhaust valve opens, and the
piston moves from BDC towards TDC and pushes the exhaust gas out of
the cylinder.
The Otto cycle is an idealized thermodynamic cycle which closely resem-
bles the actual four-stroke spark-ignition engine cycle, and consist of the
following four strokes, as illustrated in Fig.3.1,
Figure 3.1. A schematic P-V and T-S diagram of an ideal Otto cycle
1. Process 1 to 2 is a reversible adiabatic compression.
2. Process 2 to 3 is a heat addition process at constant volume.
3. Process 3 to 4 is a reversible adiabatic expansion.
4. Process 4 to 1 represent a cooling process that brings the system back
to initial state.
The thermal efficiency of the ideal Otto cycle can be written in terms of
the compression ratio,
ηth,Otto = 1− 1
rk−1
(3.1.1)
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where r is the compression ratio and k is the ratio of specific heat cp/cv;
cp is the specific heat at constant pressure and cv is the specific heat at
constant volume.
3.1.2 Diesel cycle model
The Diesel cycle is the ideal cycle for a compression-ignition engine. Compression-
ignition engines, also known as diesel engines, are very similar to the spark-
ignition engine. The difference between these two engines are due to the
ignition of combustion.
Figure 3.2. A schematic P-V and T-S diagram of an ideal Diesel cycle
In SI engine, the air-fuel mixture is compressed to a temperature that is
below the auto-ignition temperature of the fuel, and then the combustion
is triggered by a spark. However, in a compression-ignition engine, only
the air is input into the cylinder and compressed to a temperature above
the auto-ignition temperature of the fuel. The combustion starts as the
fuel is injected into the compressed hot air. In fact, the difference between
the Otto and the Diesel cycle is caused by this combustion difference, as
indicated in Fig.3.2.
Section 3.1. Thermodynamic Cycles of the Enigne 36
1. Process 1 to 2 is still a reversible adiabatic compression.
2. Process 2 to 3 is a combustion process. In fact, the fuel injection
process now starts when the piston approaches TDC and continues
during the start of the expansion stroke. Therefore, the combustion
process in Diesel cycle has a longer time and is approximated as a
constant pressure heat addition instead.
3. Process 3 to 4 is still a reversible adiabatic expansion.
4. Process 4 to 1 represent a heat rejection process at a constant volume
that brings the system back to initial state.
The thermal efficiency of the ideal Diesel cycle can be written in terms
of the compression ratio and the cutoff ratio, rc, which is the ratio of the
cylinder volumes after and before the combustion process,
ηth,Diesel = 1− 1
rk−1
(
rkc − 1
k (rc − 1)
)
(3.1.2)
where the cutoff ratio, rc, can be written in terms of the volume or tem-
perature as shown below,
rc =
V3
V2
=
T3
T2
(3.1.3)
Under the cold-air standard assumption, it can be seen that the efficiency
of an Otto cycle is always greater than the efficiency of a Diesel cycle.In
reality, a Diesel cycle compresses the air only and therefore eliminating
the possibility of auto-ignition. As a result, diesel engines can be operated
with a much higher compression ratio and thus are more efficient than the
spark-ignition engines.
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3.1.3 Dual cycle model
Dual cycle is also known as limited pressure cycle that the combustion
process is model as a combination of two heat transfer process, one at
constant volume and another one at constant pressure, as Fig.3.3 shown.
This approach is more closer to the realistic engine combustion process.
Figure 3.3. A schematic P-V and T-S diagram of an ideal Dual cycle
1. Process 1 to 2 is a reversible adiabatic compression same as both in
the Otto and the Diesel cycle.
2. Process 2 to 2.5 is the first part of combustion process, that heat is
added at constant volume
3. Process 2.5 to 3 is the remaining part of combustion process, that
the addition of heat is at constant pressure.
4. Process 3 to 4 is, again, a reversible adiabatic expansion process that
converts the chemical energy into mechanical work.
5. Process 4 to 1 is still the heat rejection process at constant volume
The thermal efficiency of the ideal Dual cycle can be written as,
ηth,Dual = 1−
(
1
r
)k−1( rprkc − 1
(rp − 1) + rpk (rc − 1)
)
(3.1.4)
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where rp is the pressure ratio during constant volume part of heat addition.
Although the two-stage heat addition approach is a more realistic combus-
tion process, the Dual cycle model is still merely used, because of the extra
complication doesn’t provide significantly closer results to reality than the
Otto and Diesel cycle model mentioned [63].
3.2 Entropy Generation Models in Various Ideal Engine Cycles
3.2.1 Entropy generation in thermodynamic cycles
If the net entropy transfer by heat and mass is assigned as the reference
(theoretical process), then the difference between the entropy change of
an actual process and the entropy change of the assigned theoretical pro-
cess is considered as the entropy generation. This can also be considered
graphically, as Fig.3.4 indicated.
Figure 3.4. A comparison of a theoretical and a real heat addition
process
The entropy change between state 1 and 2 represents the entropy change
of a theoretical heat addition process. The entropy change between state
1 and 2′ represents the entropy change of an actual heat addition process.
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The difference between these two entropy changes is due to the entropy gen-
erated during the actual process between 1 and 2′. Therefore, the entropy
generation can be considered as the property that preventing the process
from its ideal performance. This amount of entropy generation can either
be quantified by the using the difference between entropy changes, or it can
be quantified directly from the generation mechanisms.
The entropy change of ideal gas during a process can be determined by
using the T-ds relation. Eq.3.2.1 indicates the T-ds equation, that derived
from the Gibb’s equation,
Tds = du+ Pdv (3.2.1)
where du is the change in internal energy, P is the pressure and dv is the
change in volume.
Rearranging Eq.3.2.1, the differential changes in entropy are obtained as,
ds =
du
T
+
Pdv
T
(3.2.2)
To perform this integration, the relation between du and temperature for
ideal gas (Eq.3.2.3) and the equation of state for ideal gas (Eq.3.2.4) need
to be known.
du = cvdT (3.2.3)
Pv = RT (3.2.4)
where R is the universal gas constant.
Thus, the entropy change of an ideal gas during a process between the
initial and the final state can be expressed as,
ds = cv
dT
T
+R
dv
v
=
∫ f
i
cv (T )
dT
T
+R ln
vf
vi
(3.2.5)
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3.2.2 Entropy change of ideal Otto cycle
In section 3.1, Fig.3.1 shows that an ideal Otto cycle consists of 4 processes:
a reversible adiabatic compression process; a constant volume heat addition
process; a reversible adiabatic expansion process and a constant volume
heat rejection process.
The two reversible adiabatic processes are also known as isentropic pro-
cesses, and have zero change in entropy. Therefore, the overall entropy
change of an ideal Otto is the sum of the entropy change during a constant
volume heat addition and the entropy change during a constant volume
heat rejection.
In terms of the constant volume process, the volume is kept at constant
and thus the volume at the initial state and final state is the same (dv =
0). Eq.3.2.5, therefore, can be written as,
dsheat,addition = s3 − s2 = cv,avg ln T3
T2
(3.2.6)
Similarly, the entropy change during constant volume heat rejection can be
written as, 3.2.5, therefore, can be written as,
dsheat,reject = s1 − s4 = cv,avg ln T1
T4
(3.2.7)
This model is developed based on fixed amount of heat addition with a
constant value of specific heat.
3.2.3 Entropy change of ideal Diesel cycle
In section 3.1.2, it shows that the difference between the Otto and the
Diesel cycle is the addition of heat. In Diesel cycle, the heat is added at a
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constant pressure. By applying Eq.3.2.8,
dh = du+ Pdv + V dp (3.2.8)
Eq.3.2.2 can be written in terms of the change in enthalpy as Eq.3.2.9
shown below,
ds =
dh
T
− vdP
T
(3.2.9)
Performing this integration by using the relation between dh and temper-
ature for ideal gas (dh = cpdT ) and the equation of state for ideal gas, the
equation for the entropy change of an ideal gas can also be expressed as,
ds = cp
dT
T
−RdP
P
=
∫ f
i
cp (T )
dT
T
−R ln Pf
Pi
(3.2.10)
In a constant pressure process, the pressure is kept at constant and thus
the pressure at the initial state and final state is the same (dP = 0).
Therefore, Eq.3.2.10 can be written as the following equation, assuming a
constant value of cp,
dsheat,addition = s3 − s2 = cp,avg ln T3
T2
(3.2.11)
Again, the specific heat at constant pressure is assumed to be a constant
value in this model.
3.2.4 Entropy change of Dual cycle
Similar to the Otto and the Diesel cycle, the overall entropy change of the
Dual cycle can be calculated by the sum of entropy change during each
individual process, as Eq.3.2.12 shown below,
dsDual = ds2−1 + ds2.5−2 + ds3−2.5 + ds4−3 − ds1−4 (3.2.12)
Section 3.3. Simulations of The Entropy Generation In Various Ideal Gas Cycles 42
where isentropic compression, (ds2−1), and expansion, (ds4−3), results in a
zero change in entropy. The entropy change of the remaining processes are
calculated by using Eq.3.2.5 and Eq.3.2.10 accordingly.
3.3 Simulations of The Entropy Generation In Various Ideal Gas
Cycles
In this section, simulations have been done to indicates the relation between
the amount of entropy generation and thermal efficiency with respect to
various gas cycles. The entropy change of the Otto, Diesel and Dual cycles
are determined by eq.3.2.5 to eq.3.2.12. It assumes a constant amount
of 17.5 kW heat is added to those cycles and the constant specific heats
assumptions are considered.
It is also important to know that the absolute zero state is chosen to be
the bench-mark reference state in these simulations. According to the third
law of thermodynamics, the entropy of a system is zero at absolute zero
temperature [64]. Under this assumption, the entropy generation of various
gas cycles is equal to the entropy change of those cycles minus zero. There-
fore, eq.3.2.5 to eq.3.2.12 can be used directly to determine the entropy
generation.
3.3.1 Entropy generation in ideal Otto cycle
In order to determine the entropy generation of an ideal Otto cycle, eq.3.2.6
and eq.3.2.7 are used. Also, the compression and expansion processes are
assumed to be isentropic, and hence, the entropy change of these two pro-
cesses are zero.
Fig.3.5 indicates both the thermal efficiency and the entropy generation of
an ideal Otto cycle with respect to the compression ratio. It shows that
the entropy generation of an ideal Otto cycle is decreasing while the com-
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pression ratio is increasing. And thus, the thermal efficiency is increased
with a decrease in entropy generation.
Figure 3.5. The specific entropy generation of ideal Otto cycle and
its thermal efficiency variation
This difference in entropy generation is caused by the temperature differ-
ence between the beginning and the end of the heat addition process. The
higher compression ratio leads to a higher temperature at the begin of the
heat addition and thus a higher end temperature. The entropy change of
the air is less at a higher temperature than at a lower temperature, and
therefore, the overall entropy generation is decreased.
3.3.2 Entropy generation in ideal Diesel cycle
In order to determine the entropy generation of an ideal Diesel cycle,
eq.3.2.11 and eq.3.2.7 are used. Again, the compression and expansion pro-
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cess are assumed to be isentropic process, and hence, the entropy change
of these two processes are zero.
Fig.3.6 indicates both the thermal efficiency and the entropy generation
of an ideal Diesel cycle with respect to the compression ratio. It shows a
similar pattern to the ideal Otto cycle. The thermal efficiency of the ideal
Diesel cycle also increases with a decrease in the entropy generation.
However, the magnitude of the entropy generation in an ideal Diesel cycle
is actually greater than in an ideal Otto cycle with a given compression
ratio. This is because the entropy change of the heat addition process in
an Diesel cycle is assessed by the specific heat at constant pressure (cp)
instead of the specific heat at constant volume (cv).
Figure 3.6. The specific entropy generation of ideal Diesel cycle and
its thermal efficiency variation
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3.3.3 Entropy generation in ideal Dual cycle
In order to determine the entropy generation of an ideal Dual cycle, eq.3.2.6,
eq.3.2.11 and eq.3.2.7 are used. The compression and expansion process
are still assumed to be isentropic process, and hence, the entropy change
of these two processes are zero.
Fig.3.7 shows both the thermal efficiency and the entropy generation of an
ideal Dual cycle with respect to the compression ratio. Again, it indicates
a similar pattern to the previous cycles. The thermal efficiency of the ideal
Dual cycle is also increasing while the entropy generation is decreasing.
Since the heat addition process in Dual cycle is affected by both the (cv)
and (cp), the magnitude of the entropy generation is between the ideal Otto
cycle and ideal Diesel cycle.
Figure 3.7. The specific entropy generation of ideal Dual cycle and
its thermal efficiency variation
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3.3.4 Overall entropy generation between Otto, Diesel and Dual
cycle
Fig.3.8 shows the generated entropy of ideal Otto, Diesel, and Dual cycle,
with respect to the change in compression ratio. It indicates that the ideal
Otto cycle has the least entropy generation among all three cycles. Also,
it shows that the entropy generation in a Diesel cycle is greater than the
amount of entropy generated in a Dual cycle. Therefore, the following equa-
tions can be used to indicate the relation between the entropy generation
of these cycles:
Sgen,Otto ≤ Sgen,Dual ≤ Sgen,diesel (3.3.1)
Figure 3.8. The specific entropy generation of ideal Otto, Diesel and
Dual cycles with respect to compression ratio
The higher entropy generation in an air standard Diesel cycle is due to
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the heat addition being done at constant pressure, and this is indicated by
Fig.3.9. In Fig.3.9, the T-s diagram is developed using the simulation data
from the above works, while the compression ratio of both air standard
Otto and Diesel is 12. This shows that the specific entropy of the working
gas at the end of the compression stroke is higher for the Diesel cycle than
for the Otto cycle. This means that there is more irreversibility occurred
during this Diesel cycle operation. In addition, it also indicates that the
entropy generation during the heat addition of the Diesel cycle is larger
than the Otto cycle.
Figure 3.9. T-s diagram of Otto Diesel gas cycle at r = 12
As mentioned in the previous section, the lower entropy generation leads to
a higher thermal efficiency of the gas cycles. Hence, the relationship shown
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in Eq.3.3.1 can also be rewritten as the following:
ηotto ≥ ηdual ≥ ηdiesel (3.3.2)
Eq.3.3.1 and Eq.3.3.2 both indicates that the air standard Otto cycle is
more efficient than others. However, in reality, the Diesel engine is more
efficient than gasoline engine. This is because the Diesel engine is able to
operate at a higher compression ratio. In addition, the Diesel engine has
no throttle loss and operates lean burn, and hence, it is more efficient than
the gasoline engine, especially at part load condition.
Last but not least, Fig.3.8 shows that the amount of the entropy generation
of a Dual cycle is not significantly large while comparing with the Otto
cycle. Therefore, the operation cycle for a gasoline engine can be considered
as an Otto cycle based, although a certain amount of the heat is added at
constant pressure in reality.
3.4 Summary
Literature and the above simulations both indicates that entropy genera-
tion is a suitable parameter to determine a system performance. Although
the determination of entropy generation using the above approach is at
the macroscopic point of view and the insight is not well analysed. It is
still able to prove that entropy generation can be used directly as a per-
formance parameter when assessing a system thermodynamic performance.
The lower the generated entropy, the better the system performance.
In reality, the internal combustion engine involves fuel reaction instead of a
constant heat addition, and the compression and expansion process are also
not isentropic. Therefore, to assess the improvement capability of engine
modifications, the engine irreversibility need to be investigated directly so
that the engine modification can be carried out in a more efficient way.
Chapter 4
DEVELOPMENT OF
ENTROPY GENERATION
MODEL OF A
SPARK-IGNITION ENGINE
4.1 Overview of Engine Entropy Generations
In the previous chapters, the definition of entropy and entropy generation
was introduced. In this section, a detailed understanding and modelling of
entropy generation, with respect to a single engine cylinder, are discussed.
Entropy is an extensive property, and therefore, the total entropy of a
system is equal to the sum of the entropies of each subsystem. An isolated
system may consist of any number of subsystems.
With respect to an internal combustion engine, the atmosphere can be
considered as an isolated system which has a sufficiently large arbitrary
boundary across which there is no heat, work, and mass transfer, as shown
in Fig:4.1.
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Figure 4.1. An engine cylinder and its surroundings form an isolated
system
Therefore, the engine cylinder and its surroundings can be considered as the
two subsystems of an isolated system. The entropy change of this isolated
system (atmosphere) during a process is then the sum of the entropy change
of the engine cylinder and its surroundings, which is also equal to the
entropy generation because of isolated system involves no entropy transfer.
Thus, for an internal combustion engine, Eq.2.3.3 can be written as:
Sgen = 4Stotal = 4Scyl +4Ssurr ≥ 0 (4.1.1)
Where4Scyl is the entropy change of the engine cylinders; the equality sign
holds for a reversible process, and inequality sign holds for an irreversible
process. The more irreversible a process, the larger the amount of entropy
generation.
As a result, the overall entropy generation of an engine can be determined
by the sums of the entropy generation from each mechanism which cause
the irreversibility, during the engine operation cycle.
For the development of entropy generation mode, the engine cylinder is
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shown in Fig.4.1 is considered as a single cylinder SI engine and operated
on a full four-stroke cycle. It includes neither cylinder wall nor valves.
Entropy generation will occur during the engine operation cycle due to
various forms of irreversibility:
1. Intake stroke: The premixed air-fuel mixture enters the combustion
chamber. The entropy generation is caused by the piston motion
friction and the pressure drop across the inlet valves (i.e. the energy
consumed to push the mixture through the valves).
2. Compression stroke: The air-fuel mixture is then compressed and
causes a rise in both temperature and pressure. The entropy genera-
tion here is due to the piston friction and heat transfer between the
warming compressed mixture gas and the fixed surrounding temper-
ature.
3. Expansion stroke: The air-fuel mixture is now ignited, and power
is transferred to the shaft as the piston is expanding. The entropy
generation is now caused by the combustion process, plus the friction
due to piston motion and heat transfer between the hot burned gas
and the surrounding.
4. Exhaust stroke: During this stroke, the high temperature and pres-
sure burned gas is freely released to the atmosphere without doing
any work. The entire work potential is wasted, and thus it causes an
amount of entropy generation. Besides, the pressure drop across the
valves causes some entropy generation, especially during the blow-
down phase. Last but not least, the heat transfer between inside and
outside of the cylinder and piston motion also generates a certain
amount of entropy.
Therefore, the entropy generation model of the entire single cylinder engine
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can be summarised in terms of crank angle, as Eq.4.1.2:
dSgen
dθ
=
(
dSgen
dθ
)
heat
+
(
dSgen
dθ
)
comb
+
(
dSgen
dθ
)
fri
+
(
dSgen
dθ
)
Throttle
+
(
dSgen
dθ
)
exh
+
(
dSgen
dθ
)
mix
(4.1.2)
where each term on the right-hand side of equation represents the entropy
generation due to heat transfer, combustion, friction, flow through valve
and throttle, exhaust gas, and air fuel mixing, respectively. The entropy
generation due to throttle effect is more significant in gasoline engine, es-
pecially at part load condition. This because a certain amount of work is
required to push the fluid through the throttle and valves instead of doing
work on the shaft. These losses are effected by the pressure drop and valve
designs. Since the fuel is injected and assumed to be fully mixed before
entering the engine cylinders, the last terms of Eq.4.1.2 will not be take
into account at this stage.
Furthermore, the input information required to perform the entropy gen-
eration models are based mainly on the heat transfer measurement, mass
transfer measure and cylinder conditions and its geometries.This informa-
tion, such as temperature, pressure, heat capacity and mass flow rate etc.,
can be obtained by developing a standard single cylinder model. Fig.4.2
indicates the overall entropy generation model arrangement, schematically.
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Figure 4.2. A schematic diagram to show the entropy generation
model procedure
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4.2 Engine models development
Engine modelling is developed using a 1D gas dynamic and engine simu-
lation software, called, ’Ricardo WAVE’. This is a comprehensive and ISO
approved software package. This is a fully functional engine development
and testing software that includes two-zone combustion model and Woschni
heat transfer model. Another reason to choose WAVE is its capability to
easily integrate the developed engine with MatLab, so that further analysis
of the engine data can be done in MatLab. The WAVE version used in
this project is 2015.1 and the MatLab version is 2014a. A model of single
cylinder PFI engine is built using this software, as Figure 4.3 shown below.
Figure 4.3. A schematic diagram of a single cylinder PFI engine model
In this model, the air is inducted from the environment at standard refer-
ence and temperature. It then passes through the air cleaner and intake
pipes and then enters the throttle. The fuel is injected by a port fuel injec-
tor before the intake manifold. The orange circle in Figure 4.3 represents
the engine cylinder, the exhaust gases will then go through the catalytic
converter and then rejected into the environment. The air cleaner and
catalytic converter are modelled as a group of small pipes. Temperature
and pressure data of the engine will be generated from the model as well as
another parameter that will be used for further entropy generation analysis.
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The entropy generation model is then developed based on this single cylin-
der engine. The entropy generation model will also be further modified
with respect to downsized engine and other technologies.
4.2.1 Engine cylinder model
Fig.4.4 illustrates a schematic diagram of an engine cylinder geometry. The
volume of cylinder at any crank angle can be written in terms of the con-
nection rod length, bore, stroke length and crank angle, as Eq.4.2.1
V = Vc + pi
(
B
2
)2 (
l + a−
((
l2 − a2 sin2 θ)1/2 + a cos θ)) (4.2.1)
where Vc is cylinder volume at TDC, B is the bore length, l is the length
of connecting rod and a is equal half of the stroke length.
Figure 4.4. A schematic diagram of cylinder geometry
The cylinder volume at TDC is defined with respect to the engine com-
pression ratio. The surface area of the cylinder at any crank angle can be
determined by Eq.4.2.2, similar to the determination of cylinder volume.
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A = Awall,tdc +Ap +Ahead + piB
(
l + a−
((
l2 − a2 sin2 θ)1/2 + a cos θ))
(4.2.2)
where Awall,tdc is the cylinder wall area while piston is at TDC, Ap is the
surface area of the piston top, Ahead is the surface area of the cylinder head,
and the last term on the right-hand side of the equation is the surface area
of the cylinder wall at a certain crank angle.
4.2.2 In-cylinder heat transfer model
A conventional engine has 20% to 35% of the fuel energy pass to the coolant,
and about half of the heat flow to coolant comes from in-cylinder heat
transfer. The heat transfer process from the hot in-cylinder gas to the
coolant consists of three steps, as Fig.4.5.
Figure 4.5. Schematic of temperature distribution and heat flow
across the combustion chamber wall [65]
The heat flux from the hot combustion gas is considered as forced convec-
tion through the hot gas boundary layer. It is then conducted through the
cylinder walls and finally convected from the outer surface of the cylinder
walls to the coolant. In addition, the heat transfer takes place from hot
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cylinder walls to cold charges during the intake stroke, and it takes place
from the hot gases to the relatively cooler cylinder walls during the re-
maining strokes. As a result, the heat flux into the cylinder walls changes
continuously from a negative value during the intake stroke to a positive
value during the remaining strokes. The heat transfer rates to the cylinder
walls become largest during the expansion stroke. In terms of steady-flow
forced convention, the heat transfer can be determined by the following
equation,
q˙ = h · (Tg − Tw) (4.2.3)
where h is the heat transfer coefficient; q˙ is the heat flux; Tg is the instan-
taneous gas temperature and Tw is the temperature of cylinder wall.
Although in-cylinder heat transfer coefficient is actually varying with posi-
tion and time, a simple correlation for instantaneous spatial average coef-
ficients is often used to predict the heat transfer in forms of [63]:
Nu = a ·Reb (4.2.4)
where a and b are constants that account for the intensity of charge motion
and engine design;
Annand developed Eq.4.2.4 into the following convection heat transfer cor-
relation [66], (
h ·B
k
)
= a ·
(
ρSpB
µ
)b
(4.2.5)
where k is the thermal conductivity of gas; ρ is density of gas; µ is the gas
dynamic viscosity; and Sp is the average gas velocity in cylinder. The value
of a is 0.35≤a≤0.8 and b = 0.7
The average gas velocity is often considered as a proportional to the mean
piston velocity during the gas exchange and compression stroke. During
the combustion and expansion stroke, the gas velocity also needs to take
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into account for the change in density that results from combustion, as well
as the mean piston speed. This phenomena is modelled using Woschni heat
transfer correlation as shown in Eq.4.2.6 [67],
h = 129.8 · P 0.8 · w0.8 ·B−0.2 · T−0.53 (W/m2K) (4.2.6)
where P is the instantaneous in-cylinder pressure (bar); T is the instanta-
neous gas temperature (K). w is the average in-cylinder gas velocity (m/s)
and expressed as [66]:
w =
(
C1Sp + C2
VdTr
PrVr
(P − Pm)
)
(4.2.7)
where Vd is the displaced volume, Pr, Tr, Vr are the pressure, temperature
and volume of the working fluid at the start of combustion and act as
reference state, and Pm is the motored cylinder pressure at the same crank
angle as P . The value of the constants C1 and C2 are:
For intake and exhaust: C1=6.18, C2=0
For compression stroke: C1=2.28, C2=0
For combustion and expansion: C1=2.28, C2=3.24x10
−3
4.2.3 Combustion model
When the piston approaches the end of the compression, a spark is gen-
erated by the spark plug and ignites the pre-mixed air-fuel mixture. The
combustion process is modelled using a zero-dimensional approach, which
the combustion process is considered as a process of fuel heat release. The
total heat release by the fuel (Eq.4.2.8) does not occur instantaneously, but
during a specified interval of time that is defined in terms of crank angle.
QR = mf ·QLHV (4.2.8)
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where mf is the mass of injected fuel.
The rate of the heat release, or the burn rate, can be modelled in terms of
the mass fraction burnt, which also known as Wiebe function,
dQ
dθ
= QR
dxb
dθ
(4.2.9)
where xb is the mass fraction burnt at crank angle θ and it can be expressed
as:
xb = 1− exp
(
−a
(
θ − θ0
4θdur
)m+1)
(4.2.10)
where a=5 and m=2, typically; θ0 is the crank angle at the start of com-
bustion; and 4θdur is the overall combustion duration.
The combustion process results in an increasing of cylinder pressure which
is the source of the engine power. Concerning the TDC as a reference, early
combustion causes an increase in the compression work and heat losses, and
late combustion results in a decrease in the expansion work. The optimum
timing that gives the maximum brake torque is known as MBT timing, and
it occurs when the magnitude of these two trends offset each other. This
can be achieved by adjusting the start of combustion.
In addition, the Wiebe function has a typical combustion duration of 40
crank angle degree. In reality, the actual combustion duration tends to
be varied according to the engine speed. Therefore, the real combustion
duration is adjusted higher or lower than the current value.
4.2.4 Friction model
Engine friction losses are often determined by friction mean effective pres-
sure (fmep). Complex models are proposed to taking into account different
friction losses, such as the friction of crankshaft bearings, a piston ring and
cylinder wall, work required to drive essential engine accessories [68, 69].
A simpler model is used, instead, to define the overall engine friction loss
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in terms of engine load and engine speed, and is known as Chen-Flynn
correlation, as Eq.4.2.11 indicated [70],
fmep = A+B · Pmax,i +C ·
(
RPM · Stroke
2
)
i
+D ·
(
RPM · Stroke
2
)
i
2
(4.2.11)
where the constant A account for the energy drawn by engine accessories,
the constant B account for the load effect that is represented by the maxi-
mum in-cylinder pressure Pmax, and the constant C and D account for the
engine speed effect on the friction loss by the means of a quadratic.
For an engine that has multi-cylinders, each engine cylinder has its con-
tribution to the overall engine friction based upon the maximum pressure
and engine speed of each cylinder.
4.3 Entropy generation model of a single cylinder engine
4.3.1 Entropy generation due to heat transfer
In a conventional SI engine, there is always heat transferred between the
cylinder gas and the cylinder wall, as well as the cylinder wall to the sur-
rounding (e.g.coolant), as mentioned in section 2.1.1. Since heat transferred
is due to the finite temperature difference between the in-cylinder gas tem-
perature and the surrounding temperature, the overall heat transfer process
of engine cylidner can be shown as Fig.4.6:
Fig.4.6 illustrates the heat transfer path through the wall of an engine
cylinder. As a consequence of the combustion heat release, the heat is
transferred from the hot cylinder gas into the wall by the finite tempera-
ture difference between the cylinder gas temperature (Tgas) and inner wall
temperature (Tw,in). The heat is then transferred due to the temperature
difference between the inner and outer wall temperature (Tw,out).
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Figure 4.6. A diagram of heat transfer between the cylinder gas and
environment
Meanwhile, heat is transferred from the outer wall of the engine cylinder to
the surrounding environment (Tsur). The temperature of the inner surface
of cylinder wall must be kept below about 180-degree Celsius to prevent
deterioration of lubricating oil film. In addition, spark plug and valves must
also be kept cool to prevent engine knock and pre-ignition problems which
result from overheated spark plug electrodes or exhaust valves.
Therefore, the entropy generation due to these temperature gaps can be
expressed as Eq.4.3.1 shown:
S˙gen,heat =
(
Q˙I
Tw,in
− Q˙I
Tgas
)
+
(
Q˙II
Tw,out
− Q˙I
Tw,in
)
+
(
Q˙II
Tsur
− Q˙II
Tw,out
)
(4.3.1)
Assuming the engine wall is kept at a constant temperature and the amount
of heat transferred into the wall (QI) is not stored at the wall. Instead,
it is transferred to the surroundings since the coolant is not considered
yet. Under this constant wall temperature assumption, (QI)=(QII)=Q
and (Tw,in)=(Tw,out)=(Tw), and Eq.4.3.1 can be expressed as:
S˙gen,heat =
Q˙
Tsur
− Q˙
Tgas
= Q˙
(
Tgas − Tsur
Tsur · Tgas
)
(4.3.2)
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Considering the forced convection heat transfer is under steady-state as-
sumption, the heat flux q˙ can be determined by:
q˙ = hc (T − Tw) (4.3.3)
where hc is the heat transfer coefficient, and Tw is the inner surface tem-
perature of the cylinder wall, cylinder head and valves.
Heat is then transferred by conduction through the cylinder head, cylinder
walls and piston. It also conducts through the engine block and manifolds.
This conduction heat transfer is due to the temperature gradient between
the gas-side wall temperature and the coolant side wall temperature, and
it can be expressed as:
q˙ = −k∇T (4.3.4)
where k is the thermal conductivity of the media.
There is an occurrence of high heat flux during the combustion process,
thermal stress of the engine block must be kept below a level that would
cause fatigue cracking. For modern aluminium alloys, the value is approx-
imately 300-degrees Celsius and 400-degrees Celsius for cast iron. In the
case of engine modelling, this value can be assigned to a constant. Thus
there is no heat stored within the engine block. Therefore, the conduction
part of the heat transfer can be neglected.
Furthermore, heat transfer by radiation occurs from the high-temperature
combustion gases and the flame region to the combustion chamber walls. In
a SI engine, the flame propagates across the combustion chamber from the
ignition start point through the premixed mixture of fuel and air. Although
the flame front is slightly luminous, all the chemical intermediaries in the
reaction process are gaseous. The heat flux of radiant heat transfer can be
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determined by Eq.4.3.5:
q˙ = σ · ε (T 4g − T 4w,g) (4.3.5)
where σ is the Stefan-Boltzmann constant 5.67x10−8 W
m2K4
, and ε is a
shape factor that is applied to account for the fact that the angle of inci-
dence of the radiation usually varies over any actual surface.
In a typical SI engine, the radiation from the gaseous combustion prod-
ucts is about 1/5 of the radiation from soot particles in the diesel engine
flame. The radiative heat transfer does occur but is small in comparison
with convective heat transfer, and therefore, the radiation heat is often
neglected [66]. Thus, the entropy generation associated with this radiation
heat transfer is also neglected.
4.3.2 Entropy generation during combustion process
The combustion process is a major form of irreversibility, but few kinds
of literature deal with the particular aspect of the combustion process.
Previous studies show that the combustion irreversibility can be calculated
from the differential change in mixture composition using fuel reaction rate
[71]. In addition, two types of models are commonly referred to whilst
analysing the combustion process from the Second Law of Thermodynamic
point of view. Ref.[72] is a general model that allows the division of the
exergy destructions due to combustion in sections and processes. The other
one is specially developed for internal combustion engine applications [73].
It considers a closed system with constant volume and adiabatic combustion
chamber. Since the combustion chamber is adiabatic, the exergy transfer
associate with heat is zero. Similar, the constant volume assumption leads
to zero exergy transfer to surrounding as work. Thus, any change in exergy
can be attributed to the combustion process.
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In reality, the combustion chamber is not adiabatic and the chemical re-
action occurs during the entire combustion duration. Ref. [74] indicates
that the entropy generation due to the chemical reaction can be expressed
in forms of chemical affinity (A) and the extent of reaction (ξ), as Eq.4.3.6
shown:
diS =
Adξ
T
> 0 (4.3.6)
where the chemical affinity (A) is the force that hold molecules together,
and the extent of reaction is defined as the molar amount of fuel reacted
per mole of fuel input [72].
Using the expression for the Gibbs free energy G = H − TS, the chemical
affinity A can be expressed as:
A = −
(
∂H
∂ξ
)
pT
+ T
(
∂S
∂ξ
)
pT
= γpT + T
(
∂S
∂ξ
)
pT
(4.3.7)
where γpT represent the heat of reaction at constant pressure and tempera-
ture. The second term is the entropy variation associate with the chemical
affinity during a reaction, and it is often neglected [74].
And thus, combine Eq.4.3.6 and Eq.4.3.7, the entropy generation due to a
combustion reaction becomes simply proportional to the heat of reaction,
as Eq.4.3.8 shown [74]:
diS
dt
=
A
T
dξ
dt
≈ γpT
T
dξ
dt
= − 1
T
(
dQ
dt
)
pT
(4.3.8)
In the case of internal combustion engines, the heat of reaction is the heat
of combustion, which is the total energy released as heat when a substance
undergoes complete combustion with oxygen under standard conditions.
The combustion heat release is modelled using a two-zone Wiebe function
as mentioned by Eq.4.2.10. Thus the overall entropy generation due to
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combustion can be expressed as:
(
dS
dθ
)
comb
=
∫
(1− xb)
Tub
dQ
dθ
+
∫
xb
Tb
dQ
dθ
(4.3.9)
4.3.3 Entropy generation due to friction
In the engine, several components have contact with each other as well as
relative movement (e.g. piston and inner wall of cylinder chamber). This
phenomena lead to friction which consume a certain amount of energy to
overcome it. Thus, entropy generation is occurred and can be calculated
by the amount of lost work using Gouy-Stodola theorem, as Eq.4.3.10:
S˙gen,fri =
W˙lost,fri
T0
(4.3.10)
where the work lost due to friction is calculated using the friction mean
effective pressure (fmep), as Eq.4.3.11 shown below [75]:
W˙lost,fri (kW ) = fmep (kPa) · Vd (dm
3) · n ·N (rps)
nr · 1000 (4.3.11)
where n is the number of cylinder and nr is 2 for four-stroke engine.
4.3.4 Flow through throttle and valves
During the intake and exhaust period, the gas exchange process through the
throttle and valves suffer a pressure drop due to valve and duct geometry.
Some of the energy produced by the engine is used to overcome it. The
flow of gas is considered as a steady-flow.
Considering Eq.2.3.4 and Eq.4.1.1 with respect to a steady gas flow through
the valves, the amount of entropy generation for steady state process is
equal to the difference between the amounts of entropy transferred in and
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out of the system, in the rate form, as:
S˙gen,valve = S˙downstream − S˙upstream (4.3.12)
where the right-hand side of equation represents the entropy change during
the mass flow.
Applying Eq.3.2.9, Eq.4.3.12 can now be written as:
S˙gen,valve = m˙
∫ d
u
ds = m˙
∫ d
u
(
dh
T
− vdP
T
)
= m˙
(∫ d
u
cp
T
dT −R ln Pd
Pu
) (4.3.13)
where the subscripts d and u are stand for downstream and upstream,
respectively.
Eq.4.3.13 can be performed using the gases’s Mach number at the valve
inlet [76] and the pressure drop (Pcr) across the valves, as follow:
S˙gen,valve = m˙cp ln
((
1− k − 1
2
·Mach2
)(
Pu
Pu + Pcr
) k−1
k
)
(4.3.14)
4.3.5 Entropy generation due to exhaust flow
Another major entropy generation mechanism is the exhaust gas flow dur-
ing the exhaust stroke because the gas inside cylinder is still at high pressure
and temperature when the exhaust valves open. The enthalpy contained
in this high pressure and temperature is freely exhausted into the atmo-
sphere without doing any work. Therefore, the work potential of this high
enthalpy exhaust gas is wasted, and thus entropy generation occurred. The
entropy generation of this process is calculated using the state difference
between the reference state and the state where exhaust valves open, as
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Eq.4.3.15 indicates:
S˙gen,exh = m˙
∫ evo
r
ds = m˙
(∫ evo
r
cp,exh
T
dT −R ln Pevo
Pr
)
(4.3.15)
where the specific heat capacity of the exhaust gas is calculated using the
following equation and coefficients [77]:
cp,i =
Ru
MW
(
ai + biT + ciT
2 + diT
3 + eiT
4
)
where MW is molecular weight.
a b c d
CO2 0.24007771E1 0.87350957E-2 -0.66070878E-5 0.20021861E-8
H2O 0.40701275E1 -0.11084499E-2 0.41521180e-5 -0.29637404E-8
N2 0.36748261E1 -0.120815E-2 0.23240102E-5 -0.63217559E-9
e
CO2 0.63274039E-15
H2O 0.80702103E-12
N2 -0.22577253E-12
Table 4.1. Coefficients of the substance in exhaust gas
4.4 Model Calibration and Validation
Fig.4.2 illustrates that the WAVE Engine is the foundation of the entire
entropy generation model and it has to be validated and to be correct.
In this section, both the developed engine model and entropy generation
model are validated.
4.4.1 Model calibration process
Since WAVE engine model forms the foundation of the overall simulation,
it is necessary to show that this model is reliable and precise. In order
to achieve this purpose, the torque and BMEP curve of WAVE engine is
compared to the data provide by Ford company, as indicated in Fig.4.7.
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During the calibration, the developed engine model is running between
1000 rev/min and 6000 rev/min with an interval of 500 rev/min.
The spark timing is chosen as the primary adjustment parameter. In nor-
mal combustion, there is a delay period until a noticeable increase in the
cylinder pressure occurs. This delay time is approximately constant and
in order of millisecond. Thus the combustion duration is slightly longer at
higher engine speed, and therefore, the ignition timing at a higher engine
speed is further advanced. In addition, the maximum valve lift is tuned to
match the model. Valve peak lift affects the amount of both intake charge
and exhaust charge during the engine operation and thus influences engine
performance significantly. Lower valve lift leads to a lower ability of gas to
flow in and out of the engine cylinder, and thus, resulting in a lower engine
power.
4.4.2 WAVE engine model validation
First of all, a naturally aspirated port fuel injection engine simulation model
is built using the data from the Ford Sigma (Zetec-SE) engine, which has
4 cylinders and a capacity of 1.4L. The details of the engine specification
are listed in Table 4.2 as the following:
Ford Sigma (Zetec, 1.4L PFI) Engine Specifications
Bore 76 mm
Stroke 76.5 mm
Compression ratio 11
Intake valve per cylinder 2
Exhaust valve per cylinder 2
Intake valve diameter 28.1 mm
Exhaust valve diameter 24.1 mm
Air-Fuel ratio 14.53
Table 4.2. Engine specifications of Ford Sigma (Zetec-SE) 1.4L engine
Both engine specification data and the torque & power curve data in Fig.4.7
are provided by Ford company from its 2005 C307 Sigma (Zetec-SE) engine.
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In this simulation, the engine model is running between 1000 rev/min and
6000 revs/min with an interval of 500 revs/min. The result of the simula-
tions is shown in Fig.4.7.
Figure 4.7. Comparison of the torque and power of Ford Sigma engine
Ford engine specification indicated that the maximum torque is 124Nm at
3500 rev/min, and maximum power is 59.1kW at 5700 rev/min. The simu-
lation result shows that the maximum torque is 122.5Nm at 3500 revs/min
and maximum power is 58.1kW at 5700 rev/min. Although the maximum
power and torque are not the same, the overall simulated results are close
enough to the provided Ford engine data. The differences between the
Ford engine data and simulation data are within an acceptable range with
a maximum difference of 4.19% only.
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Furthermore, the WAVE engine model is validated in terms of the energy
distribution. In this simulation, a single cylinder engine model is built using
the engine specifications provided by Ref.[78] and are listed in Table 4.3:
Equivalence ratio 1 EV Lift 12mm
Bore 100 mm IVO 10BTDC
Stroke 100 mm IVC 40ABDC
IV Dia. 50 mm EVO 30BBDC
EV Dia. 46 mm EVC 10BTDC
IV Lift 12mm
Table 4.3. Engine specifications of a NA 10:1 gasoline engine
The result of the simulated engine’s energy distribution is compared against
the literature [78] and shown in Fig.4.8. The reference data from the liter-
ature shows on the left-hand side and is labelled as “S101”.
Figure 4.8. Comparison of the energy distribution of a naturally as-
pirated 10:1 gasoline engine
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In this simulation, the engine is analysed under its peak efficiency and
full load condition. It is important to note that the peak efficiency is
calculated by the work out (brake power) per unit energy input (fuel). The
exhaust energy distribution is calculated by using the simulated exhaust
temperature at the end of the exhaust pipe. The mechanical loss in the
simulation is determined by the Chen-Flynn correlation.
The simulated results show a slightly higher heat transfer loss of 39.19%
whereas the heat loss accounts for only 36.7% of the total energy input in
Ref.[78]. This is because the in-cylinder heat transfer model used in the sim-
ulation is Woschni correlation, it is a cycle-averaged correlation which tends
to underestimate the peak heat transfer during combustion. To compen-
sate, the heat transfer during the expansion stroke is often overestimated.
Therefore, the overall heat loss of the engine is slightly higher.
S101 Simulation Difference
BMEP (bar) 10.6 11.4 7.55%
Brake Thermal Efficiency (%) 37.5 35.8 -4.53%
Max. Gas Temp. (K) 2570 2561.4 -0.33%
Max. Gas Press. (bar) 52 48.14 -7.42%
Table 4.4. The difference between the simulation result and reference
Table 4.4 lists some key parameters from the simulation. It indicates that
the differences of Brake Thermal Efficiency (BTE) and maximum gas tem-
perature are with in an acceptable industry norm of 5%. Although the
BMEP and maximum gas pressure are a slightly out of this range, it is still
acceptable. Therefore, the overall engine simulation model is still reliable.
4.4.3 Entropy generation model validation
The entropy generation of the single cylinder engine (Table 4.3) operation
cycle is calculated using the developed entropy generation models. In this
simulation, the entropy generation associated with heat is due to the heat
transfer from the gas to the wall and from the wall to environment only.
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The wall is assumed to be at a fixed temperature, and the cooling system
is not modelled yet, but it will be taken into consideration while analysing
a full-size engine.
Figure 4.9. Entropy generation distribution of a single cylinder engine
Fig.4.9 shows the distribution of the entropy generation due to different
mechanisms during an engine operation cycle. Considering this engine
cylinder model, the combustion process provides the largest entropy gen-
eration of 38%, and thus the most significant irreversibility. During the
exhaust valve open period, the generated entropy accounts for 34% of the
overall entropy generation. This means that 34% of the fuel exergy is
wasted and rejected into the exhaust systems. The entropy generation due
to in-cylinder heat transfer loss accounts for 23% of the total entropy gener-
ation. Thus, the development of a lower heat rejected engine is a potential
pathway to achieve a better fuel utilisation
These simulation results are compared with the distribution of exergy de-
struction of the same engine that is given in Ref.[78], as shown in Table
4.5.
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Exergy Distribution Sgen Distribution Difference
Combustion loss 40% 37.9% 5.25%
Exhaust loss 31.8% 34% 6.92%
Incylidner heat loss 24.4% 23.1% 5.33%
Mechanical loss 3.8% 5% 31.58%
Table 4.5. The differences between the simulated entropy generation
and given exergy destruction of a single cylinder 10:1 engine
Since the amount of entropy generation is proportional to amount of irre-
versibility, in other words, exergy destruction, the percentage of entropy
generation also represent the percentage of wasted work potential due to
different mechanism. It can be seen that the simulated entropy generations
are close enough to the exergy destruction that was determined through
the exergy analysis, apart from the mechanical loss. The mechanical loss
has a difference of 31.58%. This is because the entropy generation due to
mechanical work is calculated from the FMEP directly. This includes the
pumping work, friction due to piston motion and all the auxiliary systems.
Whereas, the pumping work is not included in the mechanical loss calcu-
lation in exergy analysis. Therefore, the simulated result shows a slightly
higher irreversibility in the mechanical loss.
4.5 Simulation Results and Discussions
Since both engine and entropy generation model are calibrated and vali-
dated, the developed Ford C307 engine is further analysed using the entropy
generation models. In this section, each entropy generation mechanism is
analysed and discussed individually. Finally, the overall lost work poten-
tial in a naturally aspirated gasoline engine is assessed base on the entropy
generation analysis.
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4.5.1 Entropy generation due to heat transfer loss
The entropy generation due to heat transfer is simulated using Eq.4.3.2.
The result is presented in Fig.4.10. It indicates the rate of entropy genera-
tion due to heat transfer at various engine speeds, in terms of crank angle.
Figure 4.10. Entropy generation rate due to heat transfer at various
engine speed
The figure shows that the entropy generation rate follows the same pattern
at various engine speeds. At the beginning of compression stroke the rate of
entropy generation is zero and starts to raise towards the end of compression
stroke. This is because the charge temperature and pressure is rising during
compression. The rate then increase rapidly to reach a peak value and then
falls during combustion. At the Exhaust Valve Open (EVO), there is also a
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sudden increase due to the blow-by effect. During the expansion stroke, the
gas temperature and pressure starts to decrease and reaches the reference
state while intake stroke begin.
Fig.4.10 also indicates that the peak value of the entropy generation rate
is increasing while the engine speed is increasing between 1000 rpm and
5000 rpm, and then it decreases slightly beyond 5000 rpm. In addition, the
magnitude of the increase in entropy generation rate is getting smaller as
the engine speed is increasing.
4.5.2 Entropy generation due to combustion
The entropy generation due to combustion is simulated using Eq.4.3.9. The
result is presented in Fig.4.11. It indicates the rate of entropy generation
due to combustion at various engine speeds, in terms of crank angle
Figure 4.11. Entropy generation rate due to combustion at various
engine speed
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Fig.4.11 shows a rapid increase and decrease of the entropy generation rate
during combustion process. This is because the Wiebe function is used to
simulate the combustion process in WAVE model. The peak generation
rate is over 1200 W/K at 6000RPM which is about 8.5 times more than
the heat transfer. However, this entropy generation rate only appears for a
short period of time, and therefore, the overall entropy generation due to
combustion is not significantly higher than the heat transfer. In addition,
the peak value of the entropy generation rate is also increasing while the
engine is faster.
The reduction of entropy generation during combustion can be achieved by
changing the burning parameters, such burning duration and spark timing.
These parameters influence the entropy generated due to the change of
reaction temperatures. Shorter combustion duration and spark advances
both lead to a higher maximum temperatures. However, most of these
parameters are limited by the onset of engine knock. In terms of gasoline
direct injection, the injection timing also influences the entropy generation
due to combustion.
4.5.3 Entropy generation due to friction
The amounts of generated entropy due to friction at various boost pressure
ratio are shown in Fig.4.12. It shows an increase in entropy generation
due to friction while the engine speed is increasing. This because the cal-
culation of frictional entropy generation is based on FMEP, as Eq.4.3.11
shows, which takes the effect of engine speed into account. Also, it indi-
cates that the entropy generation due to friction and the engine speed are
linearly correlated. However, the entropy generation due to friction only
accounts for a small percentage of the overall entropy generation among
other mechanisms.
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Figure 4.12. Entropy generation due to friction at various engine
speed
4.5.4 Entropy generation due to exhaust flow
The entropy generation due to exhaust flow is simulated using Eq.4.3.15.
The result is presented in Fig.4.13. It indicates that the main contribution
of the entropy generation is due to the blow-down, whilst the exhaust valves
are open. The high enthalpy gases are released to the atmosphere without
doing any work. The rate of this entropy generation increases as the engine
speed increases.
Fig.4.13 also indicates that entropy generation rate fluctuates at low engine
speed (1000 to 3000 rpm). This fluctuation is caused by the overlap effect
during the gas exchange process. However, at higher engine speed, this
fluctuation effect is minimised.
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Figure 4.13. Entropy generation rate due to exhaust flow at various
engine speed
4.5.5 Overall entropy generation distribution
Integrating the entropy generation rate calculated in the previous sections,
the overall entropy generation distributions at various engine speeds are
presented in Fig.4.14. It indicates that the entropy generation due to fric-
tion increases while the engine speed increase. This is because higher engine
speeds result in a higher FMEP, and therefore, more entropy generation.
It also indicates that the entropy generation due to heat transfer loss de-
crease with an increasing engine speed. This is because the entropy gen-
eration due to heat transfer is calculated using Woschni correlation, and
it involves the cylinder pressure. The cylinder pressure decrease at high
engine speed, and thus leads to a reduction in the entropy generation. As
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a result, the entropy generation due to heat transfer accounts for 24.5%
of the overall entropy generation at 1500RPM and it slightly decreases to
22.3% at 3000RPM. At the high speed end (4500RPM to 6000RPM), this
entropy generation accounts for approximately 19.2%
Figure 4.14. Distributions of overall entropy generation in NA SI
engine
In addition, the percentage of entropy generation due to combustion process
varies slightly while the engine speed is increasing. It accounts for 37.4% of
the overall entropy generation on an average base. This is because the igni-
tion timing in this simulation is well tuned, and therefore, provide enough
time for the combustion to full develop. Hence, the combustion entropy
generation reflects the combustion performance. As a result, if one of the
combustion entropy generations is greater than the others, then it means
that there is a potential to tune it in a better manner.
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Finally, the percentage of entropy generation due to exhaust flow is very
steady as well. It accounts for an average of 33.5% of the overall entropy
generation.
4.6 Summary
In this chapter, a single cylinder engine model is developed using Ricardo
WAVE software. The entropy generation model for the single cylinder en-
gine is also developed. Both models are validated against existing literature
and have been proved to be reliable and trustable.
In addition, the implemented Ford C307 engine is further analysed in terms
of the entropy generation. Various entropy generation mechanisms are stud-
ied in details. In the end, the entropy generation distributions at various
engine speed are presented. It shows that the percentage of entropy gener-
ation due to combustion and exhaust flow stays approximately at the same
level, the entropy generation due to heat transfer decreases at higher engine
speed, and the entropy generation due to friction increases as the engine
speed increases.
Finally, the work also shows that entropy generation can be used directly as
a performance parameter to assess the fuel energy utilisation. In order to
achieve the best fuel economy, the minimum amount of entropy generation
is desirable.
Chapter 5
ENTROPY GENERATION
ANALYSIS FOR A
DOWNSIZED
SPARK-IGNITION ENGINES
Recently, engine manufactures have tended to produce downsized forced
induction engines. In this chapter, a downsized gasoline engine with tur-
bocharger is modelled. The simulation results show the performance of a
turbocharged engine considering irreversibility. The results are analysed
with respect to downsizing limitations.
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5.1 Simulation model
The entire entropy generation simulation model of a turbocharged gasoline
engine also consists of two sections: WAVE engine model and MatLab
entropy model
Firstly, a single cylinder 0.8L engine is developed using Ricardo WAVE. A
single cylinder engine is chosen to minimise the effects of manifold design.
Also further varying of the cylinder size is a good way to generalise the de-
veloped models to other engines, and a single cylinder model is able to make
this modification easier and quicker.This single cylinder engine includes a
fixed geometry turbocharger, and gasoline direct injection technology is ap-
plied, as illustrate in Fig.5.1. The engine specifications are shown in Table
4.3.
Figure 5.1. Engine configuration of a downsized gasoline engine with
FGT and GDI
Secondly, the entropy generation equations described previously are used to
implementing the entropy generation models according to different engine
configurations.
During the simulations, this single cylinder turbocharged gasoline engine
is running at various engine speed between 1000 rpm to 6000 rpm while at
wide open throttle. The outputs from the engine model simulation, such as
pressure, temperature and mass flow rate, etc., are entered into the entropy
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generation model developed in MatLab. In the end, the overall entropy
generations of the engine under various working conditions are generated.
5.2 Entropy Generation in A Turbocharged Engine
5.2.1 The overall entropy generations in a turbocharged engine
Since the amount of engine irreversibility is proportional to the amount
of the entropy generation, a reduction in entropy generation leads to a
decrease in the engine irreversibility. In order to compare the entropy
generation due to different engine configurations and operation conditions
effectively, the terms of “Entropy generation per mass of fuel” is applied.
This term represents the amount of wasted fuel energy potential when the
same amount of fuel is injected into different engines at different conditions.
Figure 5.2. The effect of boost pressure ratio on the entropy genera-
tion of a turbocharged gasoline engine
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Fig.5.2 indicates the variation of the entropy generation per mass of fuel
(sgen,fuel) with respect to the change of boost pressure ratio (Pr) at a wide
range of engine speed. This simulation is running at wide open throttle
condition. It shows a reduction in sgen,fuel while the intake manifold pres-
sure is increasing. The entropy generation per mass of fuel is decreasing
until a boost pressure ratio of 3.2. Beyond this point, the entropy genera-
tion starts to increasing again. This shows that engine performance suffers
if the engine is further boosted. This phenomena is illustrated in Fig.5.3:
Figure 5.3. The variations of entropy generation per mass of fuel at
various engine speed
Fig.5.3 shows a reduction in entropy generation per mass of fuel while the
intake pressure is increased up to 3.2 bar. This is the optimal point in
this case for all speeds. Beyond, this optimal point the entropy generation
begins to increasing again. Also, Fig.5.3 indicates that the amount of this
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entropy generation beyond optimal point is greater at lower engine speed
region (1000 RPM t 3000 RPM). In high engine speed range (4000 RPM to
6000 RPM), the entropy generation per mass of fuel is less at a relatively
lower speed (4000 RPM). However, the actual amount of entropy generation
per mass of fuel is still less than those in low speed region. As a result, the
engine performance is suffering more at lower engine speed under extreme
downsizing.
The current simulated engine has a boost limit of 3.2 bar as discussed
above, this limit is also proved from the energy analysis (Brake Thermal
Efficiency). Fig.5.4 indicates this relationship between specific entropy gen-
eration (SEG) and brake thermal efficiency at 4000RPM.
Figure 5.4. Specific entropy generation and brake thermal efficiency
at 4000RPM
In Fig.5.4, it show that the brake thermal efficiency of this engine is in-
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creasing while it is downsizing towards 3.2 bar intake pressure. During this
downsizing period, the specific entropy generation is deceasing. Beyond the
limit, the brake thermal efficiency is dropped and its specific entropy gener-
ation is increasing. As a result, it proves that there is a limit of downsizing
and this limit can be determined by using entropy generation.
In the following sections, the cause of this limit are discussed in details
according to each individual entropy generation mechanisms.
5.2.2 Entropy generation due to heat transfer
The engine charge transfers heat to and from the cylinder walls, piston
head and cylinder head. The temperatures for each of these components
are considered constant during the overall cycle.The entropy generated due
to this heat transfer mechanism is dependent on the wall temperature,
its area and the heat flux from, or to, the engine charge. The heat flux
depends on the temperature difference between the gas and wall and the
heat transfer coefficient, which is calculated by Woschni correlation.The
entropy generation due to heat transfer is presented in Fig.5.5.
Fig.5.5 shows that the entropy generation per mass of fuel is decreasing
slightly with a small increase in the boost level, in this case, 1.47. Further
increase in the boost level starts to raise the entropy generation, and this
increase is even more significantly in the low-speed region.
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Figure 5.5. Entropy generation due to cylinder heat transfer at various
boost level
The current production engine often has a boost level around 3.0 bar to 3.5
bars. Within this range, the entropy generation per mass of fuel does not
vary significantly at low speed, compare to the naturally aspirated engine,
as shown in Fig.5.5. However, if the engine is downsized further, up to 4.5
bar, the entropy generation due to in-cylinder heat transfer is increasing
dramatically especially in the low-speed region. Therefore, it shows that
the engine is recommended to operate at lower boost level at low speed and
a higher boost level at high speed.
As a result, the reduction of entropy generation due to in-cylinder heat
transfer need to be taken into account and weight a significant fraction
while considering a further downsizing engine. Again, since the entropy
generation due to in-cylinder heat transfer depends on the temperature
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difference between the charge and walls, the reduction of this entropy gen-
eration can be achieved by adjusting the wall temperature to the charge
temperature. This means that the wall temperature is increasing during
the combustion and expansion, and decreasing the temperature during com-
pression and intake. However, there is a limitation on the wall temperature
because of the onset of engine knock.
5.2.3 Entropy generation due to combustion process
Combustion entropy generation is due to the chemical reactions. During
the combustion process, there is a conversion of chemicals and release of
heat, as a result, there is an increase of pressure and temperature inside the
cylinder. It is considered that the mixture of air and fuel reacts entirely.
The entropy generation due to combustion is shown in Fig.5.6.
Figure 5.6. Entropy generation due to combustion process at various
boost level
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It indicates that the entropy generation per mass of fuel is reduced while
the pressure ratio is increasing. This is because higher boost level leads to a
higher temperature and pressure inside the cylinder, and thus improve the
engine combustion. According to Eq.4.3.6, the entropy generation depend
on the chemical affinity, which is the force that holds molecules together,
and the extent of reaction. The extent of reaction during combustion is
determined by using mass-burn fraction. The chemical affinity is affected
by the raise of temperature and pressure instantaneously during the com-
bustion, as there is heat release that increase the pressure and temperature
inside combustion chamber.
As the temperature increasing, the entropy of fuel substances is increasing.
This is because the translational and rotational motions of those molecules
are increased. However, the combustion process is also increasing the pres-
sure inside the combustion chamber. And thus, the force between molecules
are increased because the pressure helps to squeeze all the molecules to-
gether to reduce the randomness of the molecules. As a result, this stronger
holding force due to increased pressure have lower entropy. Therefore, the
further downsizing of the engine improves the combustion entropy genera-
tion because it leads to a higher pressure inside. Hence, the pressure plays
a more important role while considering a better utilisation of combustion
energy, from an irreversibility point of view.
Although the entropy generation due to combustion is reduced at higher
pressure ratio, it is still contributing to a significant fraction of the overall
entropy generation, since the magnitude of the generated entropy is still
larger. Therefore, further reduction of entropy generation due to combus-
tion is essential. This reduction of entropy generation during combustion
can be achieved by changing the burning parameters, such burning dura-
tion and spark timing. These parameters influence the entropy generated
due to the change of reaction temperatures. Shorter combustion duration
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and spark advances both lead to a higher maximum temperatures. How-
ever, most of these parameters are limited by the onset of engine knock. In
terms of gasoline direct injection, the injection timing also influences the
entropy generation due to combustion.
5.2.4 Entropy generation due to friction loss
The amounts of generated entropy due to friction at various boost pressure
ratio are shown in Fig.5.7. It shows an increase in entropy generation due to
friction while the engine speed is increasing. This because the calculation of
frictional entropy generation is based on FMEP, as Eq.4.3.11 shown, which
takes the effect of engine speed into account.
Figure 5.7. Entropy generation due to friction loss at various boost
level
As boost level increases, there is more entropy generated due to an increase
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in in-cylinder pressure which also leads to an increase in FMEP. Fig.5.7
shows that generated entropy reaches a maximum value at boost level of
3.2 and further growth in intake manifold pressure has almost no effect.
Therefore, it is more efficient to have a higher boost level from friction
loss point of view. However, the entropy generation due to friction only
accounts for a small percentage of the overall entropy generation.
5.2.5 Entropy generation due to exhaust flow
At the end of expansion, the exhaust valve opens, the burned gases within
the cylinder are still at high temperature and pressure. Some of the en-
thalpies could be converted into work if the expansion finished at atmo-
spheric condition. An over-expansion engine, where the expansion stroke is
longer than the compression stroke, will lead to the exhaust pressure closer
to the atmospheric condition. However, even in this case, there is still cer-
tain amount entropy generation due to high temperature. Therefore, the
design of exhaust gas recirculation system will lead to an improvement of
destroyed fuel work potential.
The entropy generation per mass of fuel due to exhaust flow is presented in
Fig.5.8. The generated entropy decreases while the boost level is increasing.
It also indicates that the difference between the entropy generation at low
speed and entropy generation at high speed is larger with a lower boost
level. As the boost level is increasing, this difference is getting smaller and
smaller. Therefore, the variation of entropy generation per mass of fuel
due to exhaust flow has less contribution to the overall entropy generation
variation, at high boost pressure ratio.
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Figure 5.8. Entropy generation due to exhaust flow at various boost
level
It is important to notice that this simulation result is measured at the
exhaust manifold, therefore, the effect of turbocharger is not included in
Fig.5.8. In reality, a downsized engine is alway implemented with a boosting
device, in this case, a turbocharger. This turbocharger is implemented
after exhaust manifold as Fig.5.1 indicated. It recovers the waste exhaust
gases energy and use it to drive a compressor that increases air pressure
at the intake of the engine. Since the turbine is connected to the exhaust
manifold, it will not affect the entropy generation of the engine cylinder.
However, while considering the overall engine powertrain, the turbine uses
the exhaust flow to produce power for the compressor, so that it recovers
a certain amount of energy from the exhaust gas. Therefore, the entropy
generation in the exhaust flow is further reduced while the turbocharger is
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used. As a result, the wasted work potential at the end of the exhaust pipe
is decreased.
On the other hand, the turbine itself has internal irreversibility, and this
irreversibility is associated with a certain amount of entropy generation,
which prevent the turbine to produce the maximum power as it would be
if there is no internal irreversibility. At a macroscopic point of view, the
entropy generation of a turbine can be determined by using the temperature
and pressure difference between the inlet and outlet, as Eq.4.3.13 indicate.
This entropy generation is caused by the design of the turbine, such as the
impeller losses.
5.3 The Effects of Boost Pressure on the Entropy Generation
Mechanisms
In this section, the entropy generation due to the primary mechanisms is
studied in detail (i.e. in-cylinder heat transfer, combustion and exhaust
flow). The results come from the engine simulation at 2000 rpm.
5.3.1 Heat transfer between gas and coolant
Fig.5.9 presents the entropy generation due to cylinder heat transfer of the
engine for one considered engine cycle. The blue line represents the entropy
generation due to the heat transfer of a naturally aspirated engine, where
the intake manifold pressure is assumed to be 1 bar. As an increase of
the boost ratio from 1 to 4.5, the entropy generation due to in-cylinder
heat transfer is increasing accordingly. Eventually, the peak value of the
generated entropy occurs at a certain boost ratio, in this case, it is the
boost ratio of 3.2. Further increase in boost levels has no effect on this
peak value of entropy generation.
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Figure 5.9. Entropy generation of in-cylinder heat transfer with re-
spect to the boost ratio
However, in further boost situation, it also shows that there is more entropy
generation due to heat transfer during the intake, compression and exhaust
stroke, although the peak value remains constant during the combustion
period. This entropy generation can be minimised if the engine cylinder
is designed with lower heat rejection. Alternatively, an innovative cooling
system could also be applied to adjust the wall temperatures of the engine
during its operation.
5.3.2 Combustion entropy generation
Fig.5.10 indicates the rate of entropy generation due to combustion process
for one considered engine cycle, with respect to the change of boost ratio.
It shows that the entropy generation due to combustion is increasing up to
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the boost ratio of 3.2, in this case.
Figure 5.10. Entropy generation of the combustion with respect to
the boost ratio
Further increase in the boost ratio beyond this point lead to a decreas-
ing, but the magnitude of entropy generation rate remains higher than the
lower boost level. The trend of combustion entropy generation consists
of an increasing part and a decreasing part because the combustion pro-
cess is modelled by the Wiebe function. Although the combustion period
is shorter, the peak value for combustion entropy generation is approxi-
mately six times higher than the heat transfer. Therefore, an optimised
combustion profile is also essential while considering an extreme downsized
engine.
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5.3.3 Exhaust gas flow
Fig.5.11 indicates the entropy generation rate due to exhaust flow for one
considered engine cycle. It shows that a large amount of entropy is gen-
erated soon after the EVO, this is because the burned gas is still at high
temperature and pressure. At EVO, this high enthalpy gas is rejected into
the atmosphere without doing any further work.
Figure 5.11. Entropy generation of the exhaust flow with respect to
the boost ratio
As Fig.5.11 shows, the entropy generation due to the exhaust flow is in-
creasing until a boost ratio of 3.2 and then start to decreasing when further
boosted. This indicates that a exhaust gas recirculation system is essen-
tial to re-utilise this wasted work. However, the effectiveness of the EGR
system is becoming less under extreme downsizing situation, as Fig.5.11
illustrated. In addition, a late exhaust valve open can reduce a certain
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amount of the generated entropy. The trade-off for the valve profile re-
quires a further careful assessment.
5.4 The Effect of Engine Cylinder Size on Entropy Generation
In this section, the analysis of various cylinder sizes are carried out. The
cylinder sizes of the WAVE Engine model are modified between 0.4L and
0.8L at speed of 4000RPM. Fig.5.12 shown the simulation result of various
engine cylinder size.
Figure 5.12. Specific entropy generation at various engine size with
respect to intake pressure
This simulation results can splits into two section: 1) the trend before the
optima is reached and 2) the trend after the optima. Before the optima is
reached, Fig.5.12 indicates that the specific entropy generation is less when
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the engine size is getting smaller. The overall trend of the specific entropy
generation variation of 0.4L engine at various intake pressure is in a similar
pattern of the 0.8L engine.
Beyond the optimal point, the larger cylinder size (i.e. 0.8L) has a slightly
less specific entropy generation than those smaller cylinder sizes at same
condition. As a result, the larger size of engine cylinder tends to perform
better under extreme downsizing condition.
5.5 Summary
In this chapter, a turbocharged gasoline engine is built and analysed from
the irreversibility points of view.
It presents that the entropy generation analysis can predict the optimal
downsizing limit of the engine. Further downsizing beyond a certain point
lead to an increasing in entropy generation. The results also shows that
there is a significant amount of entropy generated due to heat transfer
while the engine is boosting to a higher level at low speed. Therefore, the
reduction of entropy generation due to heat transfer need to be taken into
account. It is major factor while considering a further downsizing engine
in the low-speed region. Therefore, an extremely downsized engine need
to be accomplished by Lower Heat Reject (LHR) technologies or advanced
cooling system.
In addition, although the entropy generation due to combustion is reduced
at higher pressure ratio, it is still contributing to a significant fraction
of the overall entropy generation, since the magnitude of the generated
entropy is still relatively large. Therefore, further reduction of entropy
generation due to combustion is also essential. As a result, the causes of
the wasted fuel energy potential are in the following order, from strong to
weak: combustion, heat transfer from the gas to the coolant, exhaust flow,
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and friction.
Last but not least, an optimised variable valve profile is also able to reduce
the amount of entropy generation, and thus, improve the engine perfor-
mance. The optimal operation of this can also be able to determine directly
by the entropy generation method.
Chapter 6
CONCLUSION AND FUTURE
WORK
The contributions of this thesis are summarised below, and possible opti-
misation strategies are included in future work.
6.1 Conclusions
Firstly, the second law analysis of a gasoline engine is extended one step
further to quantify amount of wasted fuel energy during an engine operation
using entropy generation. Based on the literature studies, the irreversibility
of an engine breaks into four different mechanisms, which are combustion
loss, heat transfer loss, exhaust loss and frictional loss. The entropy gener-
ation model for each of those losses is implemented in Matlab. In addition,
the actual engine model was implemented by Ricardo WAVE, and the out-
put from the engine model is acting as the input to the entropy generation
model. Both engine model and entropy generation model are validated.
Secondly, the entropy generation analysis of a downsize engine is able to
determine the optimal boost pressure for this engine. This is also the
limit of engine downsizing. The causes of this limit are also provided from
the entropy generation analysis. In addition, this project shows that the
engine performance is suffering more at low engine speed under extreme
downsizing condition. Also, it shows that the increase in entropy generation
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due to cylinder heat transfer need to be taken into account. And thus, an
extremely downsized engine need to be accomplished by Lower Heat Reject
(LHR) technologies or advanced cooling system.
In addition, there are competing effects in the entropy generation that lead
to optima. Further downsizing the engine leads to a reduction in combus-
tion entropy generation, and thus improves the combustion performance
potentially. However, the entropy generation due to cylinder heat transfer
is increasing significantly while the engine is further downsized. Therefore,
the developed model is able to act as an analysis tool in order to study the
trade-off between them. As a result, the pathway for a new engine design
concept becomes possible.
Finally, the simulation results suggest that a larger cylinder size leads to
a reduction in the specific entropy generation under extreme downsizing
condition. Whereas, the smaller engine size has an improved performance
before the optima is reached. Therefore, the engine cylinder size needs to
be taken into consideration, if the optimal intake pressure would like to be
extended further.
6.2 Future work
Based on the current models and contributions, future works can focus on
three aspects: Engine emission optimisation, improved boosting limit, and
an enhanced control strategy. Regarding engine emission, it can be min-
imised by improving combustion and reducing intake/exhaust resistance.
The current developed entropy model can be used as the baseline model.
Further developing the current models allows assessment of the combustion
irreversibility during each step, and provide a better understand of com-
bustion process. As a result, a pathway to achieve an enhanced combustion
model is available.
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In addition, the pumping loss can be minimised by having a variable tech-
nology, such as VVT, VSR, VVEL etc.. However, these technologies often
involves the assessment of the trade-off between intake and exhaust valve
events. In this case, the entropy generation model is also useful in order
to address this issue, especially when the engine configuration is complex.
This is because it is able to determine the lowest entropy generation among
all different valve events, and hence, determine the most effective valve
motions. As a results, entropy generation analysis is able to deal with the
competing effect when considering different valve motions.
Regarding the boosting level, the entropy generation model shows the ca-
pability of the determination of optimal boosting pressure. The capability
of this model can be extended one more step, so that it is able to analyse
and determine the pathway to achieve a higher optimal boosting pressure
without a significant increase in the entropy generation. Since the entropy
generation model is able to reflect the competing effect within an engine by
a single parameter, it is easier to add multiple improvement technologies
and assess the performance of the modified engine.
On the control side, the entropy generation model provides the fundamental
parameter (i.e. entropy generation) and acts as a guideline, so that the
onboard ECU is able to modify the engine behaviour to match the minimum
entropy generation accordingly, and thus provide the maximum efficiency.
Ideally, a higher-degree mathematical expression can be developed to reflect
and calculate the entropy generation under various operation conditions
during an engine cycle.
Last but not least, based on the current modelling and simulation works,
further development in LHR engine and an enhanced cooling system is po-
tential pathway to minimise the entropy generation in an extremely down-
sized engine, and thus, improves the downsize optima. Also, the developed
model can act as an assessment tool for the analysis of variable valve events
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and lift, and potentially improve the combustion efficiency.
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